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Abstract
Curve squealing noise of railroad vehicles has been researched for over four decades.
To describe this phenomenon, several models have been developed. An increasing
stick-slip motion between the wheel and the rail is assumed to be a key component
for the occurrence of squealing. Nevertheless, the circumstances necessary to initi-
ate, uphold and amplify the stick-slip motion in this case are not yet fully described,
and existing models need validation. However, due to the non-linear nature of the
phenomenon as well as its dependency on a large number of parameters, precise
in-situ measurements are difficult to conduct.

This Master’s Thesis describes the conception, design and construction of a test rig
to create and measure curve squeal noise. A conception of the basic setup is done
using knowledge about comparable rigs built. A rig with two interacting wheels, one
of them functioning as the rail, is targeted. To ensure the functionality as a test-rig
for validating existing simulation-based models, certain settings of the rig need to
be changeable. These settings, including for example applied normal force, creepage
and rolling speed, are quantified in a parameter study. A wide range of input
parameters is used in a repeated time-domain simulation of the interaction, and the
number of squealing occurrences is evaluated. A 3D model of the rig necessary to
provide the contact with the found set of parameters is developed. All parts involved
are described and drawings are generated. The structural safety of critical parts is
calculated.

Keywords: squeal, curve, railway, test rig, wheel/rail contact, roller, contact mod-
elling, squealing occurrence parameters, mechanical engineering
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1
Introduction

Introduction to the topic
A rail vehicle passing through a narrow curve can emit an high-pitch, tonal sound
[1, 2]. This unpleasant sound known as squeal noise occurs in a frequency range of
250 Hz to 5000 Hz [3, 4] in which the human hearing is very sensitive [4, 5]. Since
squealing is linked to narrow curves, it is especially a problem in inner cities, where
tramways were built into the preexisting infrastructure. This further amplifies the
impact on humans.
The basic mechanism leading to curve squeal is described by Rudd as a crabbing
motion of the vehicle [1]. The setup of the wheel suspension of many trains is
designed such that the axles of the boogie are always parallel. When running in
a curve, it is therefore impossible to bring both axles perpendicular to the curve
tangent. This leads to a sidewards-sliding of at least one of the axles, which is the
basis for the occurrence of squealing. This explanation has been widely adopted
[4, 6, 7].

vrolling

vsliding
v

Figure 1.1: Boogie passing through a narrow curve (Figure as seen in [1, 3]).

Figure 1.1 visualizes this situation. The sidewards-sliding is called lateral creepage
η and is quantified as the relative velocity between the wheel and the rail surface in
the transverse lateral direction, normalized by the actual forward velocity v [3]:

η = ∆vsliding
v

(1.1)

One further characteristic of many rail vehicles is that the two wheels on one axle are
rigidly connected. During curving the inner wheel follows a shorter track, potentially
leading to a longitudinal sliding of one of the wheels, called differential slip [1, 3].
The longitudinal creepage ξ is described by
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1. Introduction

ξ = ∆vrolling
v

. (1.2)

In addition to lateral and longitudinal creepage, Rudd described flange rubbing as
a potential situation leading to squealing [1]. Several authors state that the lateral
creepage is the main reason for squealing [1–3].
However, there is no direct link between the creepages and the occurrence of squeal-
ing but instead an eclectic contact problem [8] that is dependent on a variety of
influence factors [9, 10] and determined by the dynamics of the wheel and the
rail [6, 7, 9, 11, 12]. Concerning the contact problem, it is generally accepted that
the creepage can lead to a stick-slip motion in the contact, that in turn can lead to
an excitation of the wheel, specifically certain modes of the wheel [10]. The influence
factors, in [9] generalized as a “given set of atmospheric and mechanical characteris-
tics”, include the relative humidity [13], the angle between the rolling direction and
the curve tangent also called angle of attack [14], the lateral contact position [6], [15],
the wheel damping [1], rail lubrication [2] and the rolling speed [14]. The study of
the wheel and rail dynamics suggests that squealing occurs when a the stick-slip
frequency matches an eigenfrequency of the wheel [3]. Some authors specify that
this eigenfrequency needs to belong to an axial mode shape [6, 10]. [9] points out
that eigenfrequencies can vary up to 15 % over the lifetime of a wheel due to the
decrease in outer diameter because of wear.
In [16], squealing is described as an "on-off-phenomenon" that can either be eradi-
cated completely or no success is expectable. No benefit is seen in trying to reduce
it in level, only in occurrence. Different approaches to reducing the occurrence
are discussed. Eliminating the crabbing motion by improving the curving behav-
ior is suggested [2, 3] as well as changing the track layout [2]. The wheel damping
is considered an important factor [1–3]. Reducing the friction coefficient between
wheel and rail by rail lubrication has been shown to decrease the squealing oc-
currence [2, 17]. The existence of longitudinal creepage superposed with a lateral
creepage has been shown to reduce the lateral creep force and with that, reduce
the incidence of squeal [10, 18]. [3] suggests the use of asymmetric rail profiles to
reduce squealing occurrences. An active control mechanism to prevent the squeal
occurrence was successfully implemented in [13].

Motivation of this Work
The main goal is to design a test rig that can be used for model validation purposes.
Of the many factors that influence squealing in the field, most are not accurately
controllable and much less repeatable. This gives measurements in the field an ob-
serving character, reducing their applicability when validating mathematical models.
Furthermore, extensive measurement series that would be necessary for this purpose
come at high expenses, simply due to the required rail vehicle and track.
The goal of this thesis is to design a test rig that specifically features conditions
that are expected to lead to squeal noise. The stationary reproduction of squeal
noise under constant outer conditions is supposed to facilitate the measurement of
significant quantities involved. With that, existing mathematical models can be

2



1. Introduction

validated. As a future step, active vibration control is meant to be implemented to
prevent the squealing noise.

Placement in actual research
Several test rigs have been built for squealing research purposes. A concise summary
of existing test rigs that either have been or could be used for squealing noise research
is given below. This is to meant to give a reference to what has been done so far
and to elaborate on how an additional test rig can contribute to squealing research.
An overview over the discussed test rigs is given in Table 1.1.
One test rig that was specifically designed for squeal noise research is the test rig
build by the Netherlands Organization for Applied Scientific Research (TNO) in the
Institute of Applied Physics (TPD) [19]. As most of the presented test rigs, it is a
two wheel test rig in which one of the wheels resembles the actual tram wheel, and
the other one acts as the rail. This choice is described as being the most compact
and therefore the easiest to control. As pointed out in [20], the finite radius of the
rail-wheel in comparison to the “infinite radius” of an actual rail reduces the contact
area and thereby increases the contact stresses about 15% for a diameter ratio of 3.
This rig is a scale rig with a ratio of 3, yet no quantitative information on the wheel
diameters is given. The lateral radius of the rail-wheel is adjusted to compensate
for the described increase in contact stresses.
Built based on a lathe, many of the inherent functions are used to produce the
desired input parameters, like the wheel speed and the lateral offset. Many other
parameters have been designed to be adjustable, like the rail inclination angle and
even the ambient temperature and humidity. A feature that is unique to this test rig
in this comparison is that the wheels are seemingly relatively easy interchangeable,
which enables the adjustment of the transverse contact profile as well as the wheel
impedance. The normal force is generated by applying a weight to the end of the
lever holding the upper wheel. Measured quantities on this rig are the quasi-static
normal and lateral contact forces and the radiated sound pressure level. An efficient
way to introduce the damping on the rail-wheel is presented, namely the attaching
of layers of thin sheet metal on the sides of the disk. The test rig has successfully
produced squeal noise and generated insights into the effect of squealing on the
measured friction coefficient [21].
The University of Queensland (UQ) and the CRC for Rail Innovation, Brisbane,
Australia together with the RailCorp, New South Wales, Australia built a rail cor-
rugation test rig (RCTR) that is also used for squealing research [10]. In the same
manner as in the TNO TPD test rig it is set up as a two wheel test rig. Likewise, the
wheels are downscaled and adjusted to recreate the original contact conditions. The
normal force and the lower disk speed are input parameters. The normal force is
controlled by adding shims under the carrying leaf springs. A feature that is unique
to this test rig is that both wheels are driven, which is used to create a braking
torque, leading to longitudinal slip. It is equipped with measurement systems that
log the disk speeds, the normal force, the acting torque on the drive shafts which can
be used to calculate the traction force, the disk temperatures and the disk profile
height.

3
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This rig produced squeal noise and was extensively used to validate existing squealing
models [14,22]. Of the two wheels, the lower, larger disk is the one that produces the
squeal noise, and it is hypothesized that this is due to the lower transverse stiffness
and the larger propagational surface area. The squeal is therefore associated with
the axial vibration modes of the lower wheel. An increase in sound power level is
found with an increase of rotational speed. It is pointed out that during operation
the torque and slip needed to be carefully controlled to avoid increases in slip that
would affect the contact geometry and produce rapid wear.
The Hongik squeal test rig (HSTR) built by the Hongik University in Seoul and the
Korea Railway Research Institute in Uiwang, features a full axle setup [23]. The two
connected wheels are driven by two independently driven rail wheels. An additional
feature unique to this test rig is the real time control of running speed and angle
of attack, which enables the transient simulation of the axle negotiating a curve.
The angle can be set in steps of 0.1 deg or 1.75 mrad. The transient simulation is
complemented by introducing a rotation difference between the two wheels.
The test rig successfully generated squeal noise when the yaw angle was 0.5 deg or
larger. The measurements of the lateral contact force were supplemented by a finite
element model, which showed similar results.
A rig designed by the University New South Wales in Sydney (UNSW) is described
in [20]. This rig is designed substantially larger than the other test rigs presented
with a small wheel of 200 mm diameter running on a rail-wheel of 800 mm diameter.
Accordingly, the rig is capable of higher forces with a maximum normal load of
12 kN. The angle of attack can be adjusted. However, the possibilities of adjusting
other parameters are rather limited as the lateral position is fixed and no longitudinal
creepage is implemented. No information was found about the success of this design.
The test rig with the largest normal force of 40 kN in this comparison is presented
in [20]. It is designed by the Manchester Metropolitan University (MMU) and used
in cooperation with the Institute of Sound and Vibration Research (ISVR) of the
University of Southampton. It consists of two rolling disks of 290 mm and 310 mm
diameter of the same thickness and shaped with a transverse profile to generate a
point contact. The slightly smaller, lower disk is driven. A comparatively large
angle of attack of 10 deg can be realized by yawing the upper disk. At the time
when the quoted report was published, the test rig was being equipped for squealing
research. Hence, no detailed information about results are given.
Comparing these test rigs gives ideas on which features can be inherited from the
existing ones and how a newly designed test rig can be beneficial. First of all,
most of the model validation has been done with two wheel roller rigs. This can be
considered for the basic design of the rig, since building a whole axle test rig is a
significantly larger effort. Furthermore, it seems that squealing is observed at rather
small yaw angles as described in [10, 23], which leads to prioritizing a sufficiently
precise setting of the angle over allowing large yawing angles. Another observation is
that most test rigs do not provide a real time control of any input parameters other
than the wheel rotation speed. It is assumed that implementing a real time control
often comes with the cost of a less precise and repeatable setting of that parameter,
especially for translational motions. However, no drawback of this missing feature is
observed in the outcomes. It seems suitable to design a test rig such that the input
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parameters can be easily changed between operating the rig. Only some of the test
rigs provide the option of introducing a longitudinal creepage, and model validation
proved to be possible without this feature. However, to back the theory about the
influence of longitudinal creepage, a mechanism to introduce longitudinal creepage
is necessary. To keep the contact characteristics close to reality, the downscaling of
the wheel is to be kept small and an adaption of the transversal profile of the rail
wheel is recommended. As [20] points out, even though the contact can be adjusted
to closely resemble the contact in the field, it is hard to scale the material properties.
Only one of the wheels of the TNO TPD test rig can reproduce flange contact.
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Introduction

Table 1.1: Comparison of existing squealing noise test rigs. The type 1x2 describes two-wheel roller test rigs, 2x2 is a

TNO TPD [19,20] UQ [10,14,22] HSTR [23] UNSW [20] MMU TDR [20]
Geometrical Description

Type Two wheel Two wheel Wheelset Two wheel Two wheel
Scale 1/3 1/3
Wheel diameter 170 mm 200 mm 310 mm
Rail-Wheel diameter 426 mm 800 mm 290 mm

Creepages
Lateral Creepage yes yes yes yes yes
Longitudinal Creepage no (2003) yes yes no yes

Input Parameters
Maximum Normal Load 2000 N 2000 N 12 000 N 40 000 N
Tangential Load 1000 N
Maximum Angle of Attack 87.4 mrad 26 mrad ±52.4 mrad adjustable 173.5 mrad
Rail Inclination Angle yes no
Lateral Offset yes no no
Maximum Wheel Speed 2500 rpm 1200 rpm 150 rpm 787 rpm
Friction Coefficient 0.45 (dry), 0.15

(lubricated)
0.33

Driven Wheel rail wheel rail wheel, wheel rail wheel rail wheel rail wheel
Ambient Temperature yes
Humidity yes
Real Time Control no angle of attack,

running speed
Squealing Research yes yes yes possible possible
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Theory

Squealing Generation Mechanisms
As pointed out in the literature study, squealing can occur when the lateral creepage
induces stick-slip in the contact area between wheel and rail. Figure 2.1 presents a
simple model describing the stick-slip effect. The model consists of a mass which is
placed on a moving conveyor belt and connected to a spring, which is fixed on the
other side.

Figure 2.1: Moving Mass on a Conveyor Belt: A Stick-Slip Example

The static friction force between the mass and the belt makes the mass move along
the conveyor, tensioning the spring. This phase is called stick phase. At some
point, the spring force will increase above the static friction force and pull the mass
against the conveyor motion. This phase is called slip phase, and a relative velocity,
dependent on the dynamic friction force, occurs between the mass and the belt.
While the mass is moving against the conveyor, the tension of the spring as well as
the relative velocity of the mass is decreased. When the relative velocity reaches
zero, the process is repeated. The oscillation is described by the conveyor speed,
the mass, the spring stiffness and the normal force and friction coefficient between
the mass and the conveyor belt. It is the constant motion of the conveyor belt
that introduces the energy maintaining the oscillation. In the contact between the
wheel and the rail, this energy is introduced by the sliding velocity as seen in Figure
1.1. As described in the introduction, it is assumed that squealing might occur if
the frequency of these oscillations is close to an eigenfrequency of the wheel. The
simulation model uses pre-compiled µ-slip curves as they are only dependent on
material properties and geometrical configurations. They can be presented as in
Figure 2.2, where three different phases are defined. When the relative velocity
is sufficiently high or low, the friction coefficient is assumed constant or almost
constant. This phase is the sliding phase, with a dynamic friction force. When the
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2. Theory
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µ

Figure 2.2: Precompiled Friction Curve Example

a

b

rolling direction

Figure 2.3: Contact patch ellipse between the rail and the wheel

relative velocity is close to zero, a static friction force applies in the contact region,
and this is represented as the stick phase.

Scale-Down Properties of the Contact Patch

When designing a rig recreating life like conditions of the contact between a rail
and a wheel, one wants to make sure that the stress conditions in the contact area
remain the same. Easy to implement and compact conceptual solution requires that
the rail is replaced by a disk instead of a flat infinite surface. That is to say that
such a modification transforms the infinite radius of the rail by some finite radius
of a disk in its rolling direction. As a result, the contact patch between the two
disks is elongated in the tangential direction. Those effects induced by this major
change can be compensated by adjusting the lateral radius of the rail-wheel so that
contact parameters can approach approximately 10% of their original value in the
real contact as stated in [19]. This adjustment implies the tuning of the contact
patch using the following equations 2.1 to 2.6.
As seen in [24] and following Hertz contact theory for elastic bodies to ensure dy-
namical similarities with the original case, one can assume that geometrical char-
acteristics need to stand in the contact patch ellipse dimension of the scaled rig,
namely the ratio of the semi-axis a and b seen in Figure 2.3 in the contact patch
needs to stay constant.
To calculate the properties of the real conditions, two cylinders, one finite and one
infinite for the wheel and the rail, rolling on each other, are assumed. The curvatures
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2. Theory

of interest are then respectively for the wheel and the rail the longitudinal and the
transversal curvatures. As a reference exemple, the standard profiles S1002 and
UIC60 give radii of CS1002 = 0.4 m for the axial radius of the wheel and CUIC60 =
0.3 m for the transversal radius of the rail as shown in the contact description in [25].
This ratio b

a
is calculated as follows and shall remain the same. One needs to assume

that the longitudinal radius of the wheel is constant over its thread.

b

a
=
(
A1

B1

) 2
3

with A1 = 1
2.CS1002

and B1 = 1
2.CUIC60

(2.1)

However, when considering two wheels, the semi-axis needs to be calculated inde-
pendently, and the previous assumption on the longitudinal radius cannot stand
anymore. Linear Hertz theory for two elastic bodies is instead used. Let R1x, R1y
and R2y being constant and representing respectively the rolling and transversal
radii of the lower train wheel, and the rolling radius of the upper rail wheel. The
transversal radius R2x of the upper wheel is left open for the tuning of the semi-axles
ratio.

a = m

(
3N(1− ν2)

2E(A2 +B2)

) 1
3

(2.2)

b = n

(
3N(1− ν2)

2E(A2 +B2)

) 1
3

(2.3)

with m and n calculated or approximated using formulas and table from [26].

m =

√√√√ 1.5
√
X2

X1
and n = m.X1 (2.4)

Function of X1 and X2 defined as follows:

X1 =
(
A2

B2

)0.63
and X2 =

1 + A2
B2

2
√

A2
B2

0.63

(2.5)

Which are themselves function of coefficients A2 and B2 defined with the different
radii of curvature previously introduced.

A2 = 1
2

(
1
R1y

+ 1
R2y

)
and B2 = 1

2

( 1
R1x

+ 1
R2x

)
(2.6)

Description of wheel dynamics
The dynamic behavior of the wheel has a key influence on squealing occurrence. A
way to calculate this is presented in [27] and applied here. The wheel dynamics are
described as Green’s functions, which is the displacement response to a point force
excitation. Here, the excitation is assumed in the contact point. In the frequency
domain, the wheel is described using its receptance defined in the equation
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2. Theory

G̃ij(f) = ξj(f)
Fi(f) , i, j = 1, 2, 3, ... (2.7)

with ξj(f) being the displacement response for the degree of freedom j under a
harmonic excitation Fi(f). The receptance is the displacement normalized by the
excitation force. The mobility and inertance are achieved by deriving the receptance
once or twice respectively with respect to time.
In the time domain, the wheel is described using its Green’s function defined in the
equation

g̃ij(t) = F−1
(
G̃ij(f)

)
, i, j = 1, 2, 3, ... (2.8)

applying an inverse Fourier transform to the previously found receptances.
Obtaining the wheel receptance requires the calculation of all wheel mode shapes
up to the frequency of interest. For geometries as complex as train or tram wheel, a
Finite Element (FE) model can be used to determine those mode shapes. Building a
FE model that is appropriate for a modal analysis of a structure as large as a train
wheel is computationally expensive when realized using 3D elements. However,
when using the axi-symmetry of the wheel, elements named PLANE83 can be used,
which in their design contain the information of the whole wheel. The description
of such elements can be found in the ANSYS mechanical reference.
The contour of half the cross-section of the wheel is generated using a Computer
Aided Design (CAD) software prior to discretizing it with the introduced elements.
The boundary conditions of the model imitate the actual fixation of the wheel by
assuming a rigid mounting on the shaft. The axle is assumed sufficiently stiff and
provides no room for displacement for the wheel at the hub [9,27]. In the FE model,
this condition is implemented by blocking the displacement degrees of freedom of the
elements connected to the axle. However, not modeling the axle can induce errors
in low-order eigenmodes, but is sufficiently accurate on high-order modes that can
be of interest when dealing with squealing noise.
Modes order can be explained after detailing the type of modes encountered when
dealing with disks in general. Types of modes are categorized by the predominant
motions of the wheel in the three directions: axial, radial and circumferential. In
each category, two other classifications are made, the amount of nodal diameters
n and the amount of nodal circles m. The value n describes the order of a mode.
A mode shape with one nodal diameter describes a vibration pattern in which the
disk vibrates such that along one diameter, zero velocity is found. Accordingly, a
mode has one nodal circle when along exactly one circle, there is no vibration. The
oscillation on two sides of a nodal line typically has opposite phase. Figure 2.4
shows disks presenting these two cases. Mode shapes are named according to their
nodal diameter n, their nodal circle m and their type (’a’,’r’,’c’ for axial, radial and
circumferential), for example (n,m,type).
In a system with low damping, modes do not overlap much. This is the case for
most train wheels, and the use of mode-specific damping is suitable for describing
the damping in such a system. A modal damping ζ found in the literature [7, 28]
for steel train wheels is applied to each type of mode according to their number of
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• •

Figure 2.4: Visualization of modeshapes typical for round disks. Mode shapes
with two nodal diameters (left) and one nodal circle (right).

nodal diameters.

ζ =


10−3 for n = 0
10−2 for n = 1
10−4 for n > 2

(2.9)

In case an actual wheel response is measured, these initial values can be tuned
according to the measurement.

Description of the Time Domain Squealing Model

Contact Model

Contact
Parameters

Friction
Curves

Wheels
Dynamic

Contact Forces

Time Domain
Convolution

Displacements

Contact forces

Figure 2.5: Engineering contact model for contact forces as presented in [15].
Inputs to the model are represented with light filled blocks, output is darker.

The procedure for calculating the contact forces over time can be outlined as fol-
lows, a more detailed description is found in [15, 29]. As a first step, the three
inputs need to be generated individually, the first one being the wheel dynamics
as described in 2.3 "Description of wheel dynamics". The contact parameters in-
clude the geometrical description of the discretized contact patches of both bodies
in contact. The contact patch discretization also includes elastic half-space influence
coefficients used to compute and adjust the contact pressures so that the vertical
force equals the imposed vertical load in stationary conditions. The last input are
the pre-compiled friction curves as described above. They are generated for each
vertical force of interest, for each contact position, each friction coefficient and for
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2. Theory

each rolling speed. From these inputs, the current contact forces are known, the it-
erative process of generating the contact forces for both wheels can be initiate using
previous time step results, so that after a time convolution with the wheels dynamic
the displacements can be send again into the contact model to create new contact
forces from those updated values. The calculation is truncated once the time limit
set by the user is reached.
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3
Conceptual Design

The motivation for a conceptual design is to use the discussed influence factors
from the literature study and quantify the range in which they are supposed to be
implemented in the rig. This is done in a parameter study. Influence factors that
are based on literature only are the normal force acting in the contact point and
the lateral creepage. Less defined inputs to the study are the friction coefficient and
the damping of the wheels. The contact geometry is chosen according to Section 2.1
"Squealing Generation Mechanisms". A factor that is completely undetermined is
the geometry of both wheels. It is the main goal of the conceptual design to describe
both wheel geometries in dependency of the other parameters involved.
As a first step, the wheel geometry of the lower wheel is fixed by using an already
existing wheel. This enables a detailed analysis of the wheel dynamics and a com-
parison to the FE method introduced in Section 2.3 "Description of wheel dynamics".

Description of the Dynamic Wheel Response
A FE model is built based on the lower wheel geometry and a modal description of
the wheel is calculated as described in Section 2.3 "Description of wheel dynamics".
The actual wheel response is then measured and compared to the simulation.

Finite Element Method
In the FE model, 79 modes were found in the frequency range up to 20 kHz for
the lower wheel. This frequency range is chosen since at this point, it is unclear at
which frequencies squeling can be expected to occur. Modes with up to 14 nodal
diameters were found. This includes axial modes with up to three nodal circles,
radial modes with up to two nodal circles and circumferential modes with up to
three nodal circles. A comprehensive overview for the lower wheel is presented in
Figure 3.1.
Mode shapes up to 10 kHz are presented in the Figures 3.2, 3.3 and 3.4. Presented is
only half the cross section, and only the displacements in axial and radial direction
are shown. Figures 3.5 and 3.6 give examples of the vibration patterns for a ra-
dial and an axial mode. Since the wheel is not mirror-symmetric in axial direction,
the radial mode shapes contain motion in the axial direction and vice versa. The
circumferential mode shapes are difficult to distinguish as no displacements in cir-
cumferential direction are plotted. This pattern of modal behavior and distribution
over frequency is representative for a steel wheel and more generally any flat disk.
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Figure 3.1: Eigenfrequencies of the lower wheel up to 20 kHz calculated from a
FE model. Axial modes are presented with square marks, radial modes with black
circles and circumferential modes with diamonds. Solid, dashed, dotted, and dash-
dotted lines represent respectively zero, one, two and three nodal circles for each
type of mode.
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(a) (0,0,a),
1735 Hz

(b) (1,0,a),
1455 Hz

(c) (2,0,a),
2008 Hz

(d) (3,0,a),
3706 Hz

(e) (4,0,a),
5611 Hz

(f) (5,0,a),
7428 Hz

(g) (6,0,a),
9074 Hz

(h) (0,1,a),
6277 Hz

(i) (1,1,a),
6724 Hz

(j) (2,1,a),
8207 Hz

(k) (3,1,a),
9982 Hz

Figure 3.2: Axial mode shapes of the wheel up to 10 kHz.

(a) (0,0,c),
1457 Hz

(b) (1,0,c),
7074 Hz

(c) (2,0,c),
8373 Hz

Figure 3.3: Circumferential mode shapes of the wheel up to 10 kHz.
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(a) (0,0,r),
7041 Hz

(b) (1,0,r),
3110 Hz

(c) (2,0,r),
4884 Hz

(d) (3,0,r),
6607 Hz

(e) (4,0,r),
8589 Hz

Figure 3.4: Radial mode shapes of the wheel up to 10 kHz.

Figure 3.5: Lower Wheel Radial Mode at 6607 Hz

Figure 3.6: Lower Wheel Axial Mode at 7074 Hz
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Figure 3.7: Comparison of calculated receptances for the lower wheel. The ab-
breviations CP0 and CP10 describe different contact points, as outlined in Section
3.2.1.

The modal superposition of the presented modes leads to the receptance as shown
in Figure 3.7. The receptances of two different contact positions are presented, as
it is elaborated on in Section 3.2.1. It is visible that the contact position mainly
influences the higher frequencies.

Measurement
Since an existing wheel is used as the lower wheel, it is available for model validation
purposes. For this, the wheel receptance was measured. The measurement took
place in May 2017 at the Vibroacoustic Lab at the Technical Acoustic department,
Chalmers University of Technology. The wheel is suspended through its center using
ropes. Two accelerometers are attached to the wheel, one radially, central on the
tread and one axially on the side of the wheel, close to the outer edge. The input
mobility is determined by impact hammer measurements. The wheel is hit close to
the accelerometers to get the axial and radial input mobility as well as the transfer
mobility. Since the steel wheel is a rather resonant system, the response is recorded
for 5 s. Each position is hit at least 8 times and the measurements are averaged.
The equipment used for this measurement includes

• Three charge accelerometers, type 4393V
• One charge accelerometer, type 4374V
• One B&K charge amplifier, Nexus type 2692, low noise version
• One Hammer B&K type 8203

Acquisition of the data is done using the software TAMARA.
For the validation, a FE model is created according to the description above, us-
ing a drawing provided by the manufacturer. Since the wheel at the point of the
measurement is not mounted on an axle but freely suspended, the boundary condi-
tions in the FE model are adjusted. After FE modeling and modal superposition
as described in Section 2.3 "Description of wheel dynamics", the input inertance is
generated and drawn in Figure 3.8 for the axial and radial direction and compared
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Figure 3.8: Comparison of measured and simulated inertances for the lower wheel.

to the measurements.
The modal damping of the FE model is then adjusted manually to match the mea-
surements. It is observed that the actual damping of the modes in many cases is
lower than the assumption based on Thompson [3], often by a magnitude 10.
One general comment on those results is that the frequencies, it terms of modal
peak positions, fit quite nicely. From those results, it is clear that if one manages to
adapt the modal damping to the measurements, a good match between the model
and the measurement is achieved. It is therefore assumed to be a valid input to the
following simulations.

Parameter Study
The following section describes the input data, the setup and the results of the
parameter study. In the study, the time domain simulation model described in
Section 2.4 "Description of the Time Domain Squealing Model" is used to evaluate
the contact forces over time for every possible combination of the input parameters.

Parameter description
As a first step, the parameters varied during the study are introduced. The moti-
vation for their variation as well as the range and step size in which they are varied
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are described in the following.

Railwheel Geometries (WG)

The upper wheel, which is not an actual tram wheel but instead functions as the
rail, is not described geometrically up to this point. The purpose of this parameter
study is to find a geometry, that in combination with the lower wheel is likely to
produce squeal noise in many circumstances.
For this, a basic geometry has been developed according to the following guidelines.
Firstly, the geometry cross section is roughly designed after an actual rail profile,
since then the rail wheel takes up approximately the same space on the other wheel.
Secondly, the head curvature is chosen according to Section 2.2 "Scale-Down Prop-
erties of the Contact Patch", to create a contact patch that is close to reality. The
necessary contact surface with the shaft is a criterion that determines the width and
diameter of the central hole, see also Section 4.5.1.4 "Press fits". Flat profile areas
simplify the attachment of damping materials and are therefore favored. The out-
side diameter is chosen to be smaller than that of the wheel to keep the dimension
of the rig reasonably compact, but large enough to attach material to it.
From the basic geometry that was generated, variations are generated by reducing
the thickness of the disk in 5 mm steps on both sides and in two levels. This approach
was chosen because it is assumed a simple way of reducing axial stiffness and thereby
shifting the eigenmodes. Figure 3.9 shows the different geometries. Wheel geometry
one (WG1) in Figure 3.9a can be seen as the basic geometry. Wheel geometry two
(WG2) has the first reduction of thickness on the first level, meaning that at the
lower and upper end of the straight profile section, the thicker profile remains. This
becomes clear when comparing with wheel geometry (WG4), Figure 3.9d, where
the thickness is reduced on the whole length. Wheel geometry 3 (WG3) shows a
first level reduction and wheel geometry 6 (WG6) a second level reduction on both
sides. Wheel geometry 5 (WG5) has a first level reduction on one and a second level
thickness reduction on the other side.
At the point of the design it is unclear, which effect the symmetry of a wheel
plays and therefore three symmetric (WG1, WG3 and WG6) and three unsymmetric
geometries are used.
For these wheel geometries, the receptances are generated in the same way as for
the lower wheel. Hence, a modal description of these wheels is done and the result
can be seen in Appendix A.1 "Upper Wheel Geometries Eigenmodes". Receptances
for the wheel geometries WG4, WG5 and WG6 are shown in Figure 3.10. Due to
the related geometrical shapes they present a similar modal behavior.

Contact Positions (CP)

As the contact position of the wheel on the rail changes during driving and further-
more the contact point impulse response as an input into the calculation changes
with the contact position as seen in Figure 3.7, this is an important parameter. In
reality, the bogey moves sidewards on the rail, on which it is in contact very close
to the highest point. To represent this, three contact positions for the wheel and
one contact position for each rail wheel have been defined.
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(a) WG1 (b) WG2 (c) WG3

(d) WG4 (e) WG5 (f) WG6

Figure 3.9: Researched geometries for the upper wheel. Only half the outline of
the cross-section is shown.
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Figure 3.10: Comparison of Calculated Receptances for the Rail Wheels.
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Figure 3.11: Nodes from FE model outlining the cross section of the wheel head
geometry. The black circles mark the contact positions CP0, CP10 and CP25, from
left to right.

Figure 3.12: Nodes from FE model outlining half of the cross section of the rail
wheel heads. The black circles mark the contact position. From left to right, the
geometries 4, 5, and 6 are shown.

Figure 3.11 shows the considered contact positions on the lower wheel. Each blue
dot marks a node in the FEM-calculation described in Section 3.1.1 "Finite Element
Method", and the receptances were evaluated at the nodes that are circled. The left
contact position corresponds to the constructed zero position and is therefore called
CP0. The contact position 10 mm to the right is called CP10 and the one 25 mm to
the right from the zero position is called CP25. For the rail wheel or upper wheel,
the contact node closest to the central node is chosen for the evaluation. It was
found that when choosing the node in the exact center of the head curvature, the
receptances differed substantially from close by nodes, a finding with is not included
in the report and not entirely explained. However, the contact will due to the sloped
head curvature of the lower wheel not be exactly in the center anyway, and so the
receptance at the node next to the center is presumed more realistic.

Friction Coefficient (FC)

The friction coefficient between the two wheels is dependent on some factors that are
unknown before the physical test, like the exact surface roughness or the influence of
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Figure 3.13: The influence of the chosen modal damping coefficients on the recep-
tance.

the surface hardening. Furthermore, it is possible to change the friction coefficient
during operation using lubricants. For these two reasons, a wide range of friction
coefficients is tested, namely 0.15, 0.3, 0.45 and 0.55. This covers the range of the
test rig described in [10]. The friction coefficient is in the following often abbreviated
as FC.

Wheel Damping (WD)

The wheel damping of the upper wheel as introduced in 2.3 "Description of wheel
dynamics" is difficult to predict accurately, especially due to the likely use of at
this point undefined damping materials. As a consequence, a rather wide range of
wheel damping settings cover possible damping scenarios. Adapting the guidelines
to modal wheel damping by [28], the basic modal damping is dependent on the
number of nodal diameters n.
To represent the damping layers attached to the wheel, the suggested modal damp-
ing coefficients are multiplied with the chosen factors 10 and 100 to generate two
different damping settings. The effect can be seen in Figure 3.13, where the differ-
ent receptances are plotted for the wheel geometry WG4 at 50 km/h. The two used
sets of wheel damping coefficients WD1 and WD2 correspond to the factors 10 and
100 respectively. Since the effect of the upper wheel damping on the occurrence of
squealing is not entirely certain and it in addition might be changed during opera-
tion, the focus of the parameter study will be to pick a wheel geometry that shows
the lowest influence on damping.

Normal Force (NF)

In the contact point, normal forces up to 35 kN are introduced in the simulations.
This corresponds approximately to half the wheel load of a light metro train [30].
Reducing the maximum normal force that way leads to a reduction of the necessary
supporting rig geometry and is therefore desired. The normal load is researched in
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Table 3.1: Lateral creepage steps and according angles.

η in % -2.2 -1.9 -1.4 0.5 0.8 1.1 1.4 1.9 2.2
α in ° -1.25 -1.1 -0.8 0.3 0.45 0.6 0.8 1.1 1.25

Table 3.2: Overview over used input parameters in both parameter studies. The
changes after the pre-study are indexed with “+” for added parameters and “−” for
removed parameters.

NF LC FC RS WG WD CP
15, 20,
25, 35

0.5+, 0.8+,
1.1+, ±1.4+,
±1.9, ±2.2+

0.15+, 0.3,
0.45+, 0.55

30+,
50

1−, 2−,
3−, 4,
5, 6

1, 2 0, 10,
25+

four steps, 15 kN, 20 kN, 25 kN and 35 kN, later referred to as NF15, NF20, NF25
and NF35.

Lateral Creepage (LC)

The lateral creepage is introduced as an angle between the two wheels in the horizon-
tal plane. The relation between the angle α and the lateral creepage η is η = tan (α).
The lateral creepage is evaluated at nine settings, listed in Table 3.1. The largest
creepage of 2.2 % is chosen based on [10] and [7].

Rolling Speed (RS)

Since squealing is mainly problematic in urban areas, the maximum rolling speed is
limited to 50 km/h. As a second setting, 30 km/h is investigated. The two settings
will be referred to as RS30 and RS50.

Study Setup
Due to the large amount of parameters and the considerable calculation time for each
simulation, the parameter study is split into a pre-study and a main-study. The idea
is to assess the squealing behaviour of all wheel geometries with a reduced set of
parameters in the pre-study, to reduce the number of researched wheel geometries
in the main-study.
Table 3.2 lists which parameters were included in which study. Multiplying the
number of parameters of each category gives the number of necessary calculations,
being 384 for the pre-study and 5184 for the main-study. Conducting the pre-study
lead to the removing of the three wheel geometries WG1, WG2 and WG3 from the
study, halving the calculation time.
The time domain solution of the contact problem is done using the simulation model
described in Section 2.4 "Description of the Time Domain Squealing Model", adapted
to work with two wheels instead of a wheel rolling on a rail. Two further changes in
the calculation are made for this parameter study, the first one being the adaption of
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Table 3.3: Discretization settings in pre- and main-study.

Input Unit Pre-study Main-study Main-study
V km/h 50 30 50
dx µm 250 312.5 500
dt µs 18 37.5 36
fs kHz 55.6 26.7 27.8
fup kHz 21.4 10.3 10.5

the discretization. By specifying a rolling speed V , there is a fixed relation between
the spatial discretization dx and the time resolution dt. The sampling frequency fs
then leads to the upper frequency limit of the analysis fup
The pre-study has been executed with a high upper frequency limit. This is because
firstly, the effect of using two wheels instead of one wheel on a rail was not clear
and secondly, the substantial decrease in size of the wheels in comparison to stan-
dard wheels was assumed to shift the modes and squealing frequencies up. It was
found that squealing mainly happened below 10 kHz, and so for the main-study the
discretization could be adjusted, optimizing the calculation time. Table 3.3 gives
the rolling speed and spatial discretization with their consequences for both the pre-
and the main-study.
As a second step in reducing the total calculation time, a truncation criterion is
introduced after conducting the pre-study. It is observed that in cases where no
squealing occurs, the lateral force converges to one value and does not change for
several consequtive time steps. This is not found for squealing cases. Figure 3.14
can be used to verify this. Each simulation from the pre-study is represented by
one dot. The horizontal axis classifies the results by their root-mean-square (rms)
force level in the last 150 ms of the simulation, a procedure which is explained more
deeply in Section 3.2.3.1 "Evaluation Method". The vertical, dashed line separates
the squealing-cases on its right from the other cases. The vertical axis gives the max-
imum number of consequtive identical force values for each simulation. It can be
seen that for squealing cases, this number is considerably lower than the introduced
truncation criterion of 1000 consecutive identical force values. During simulation,
the calculated side force is tested against this criterion every 4000 time steps. Sum-
ming the absolute differences of the actual force value from the 1000 previous force
values always gives a nonzero result, except in case all values are exactly the same.
In the main-study a resulting zero leads to truncation of the simulation and the
classification as a non-squealing case.
The total simulation time is 3.5 s in both the pre- and the main-study, based on the
procedure described in [7].

Study Results
A typical result for a squealing case is shown in Figure 3.15. The graph shows the
lateral contact force Fy over time. The smooth build-up of the side force in the
first 0.2 s is due to a run-up process in the model that is not further discussed here.
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Figure 3.14: Legitimation of Calculation Time Optimization by breaking the sim-
ulation after 1000 time steps with identical results.
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Figure 3.15: Example result of time-domain solution of the contact problem for a
squealing case.

The build-up is followed by a period of small variations around the static side force,
which in turn is followed by a large increase of the force. At about 2 s the force
reaches the maximum transmissible side force in both directions and is such limited
in its increase.

Evaluation Method

The squealing is evaluated in four time ranges of each 150 ms in 1 s distance, indi-
cated with dashed vertical lines in Figure 3.15. To characterize the force fluctuation,
a time-averaging within these time ranges is carried out using the root mean square
method:

Fy,rms =
√

1
T

∫ t1+T

t1

(
Fy(t)− Fy

)2
dt (3.1)
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Table 3.5: Number of squealing cases counted for each set of simulations in the
main-study.

WG4 WG5 WG6
404 419 381

The criterion, that classifies a result as a squealing case is that this rms force exceeds
0 dB in the last time range, 3.35 s to 3.5 s, when represented as a level, using the
equation

LFy = 20 log Fy,rms1N (3.2)

The squealing criterion is the same as described in [7]. The first three time ranges
are evaluated in the main study to further characterize the squealing.

Pre-study Results

The 384 simulations in the pre-study led to 26 results that fulfill the squealing
criterion. These are distributed among the wheel geometries according to Table 3.4.
It becomes clear that wheel geometries WG4, WG5 and WG6 show a substantially
higher potential to squeal than the others and are therefore chosen as candidates
for the main-study.

Table 3.4: Number of squealing cases counted for each set of simulations in the
pre-study.

WG1 WG2 WG3 WG4 WG5 WG6
0 1 0 6 8 11

Main-study Results

The 5184 calculations in the main study lead to 1204 results that classify as squeal-
ing. Table 3.5 shows the distribution of squealing cases among the wheel geometries.
Finding a wheel geometry that supports the occurrence of squealing the most, only
based on this table, would be insufficient, since the squealing cases are quite evenly
distributed between the wheels. For that, a more in-depth analysis of the results is
made. Figure 3.17 shows every simulation for the wheel WG5 structured as explained
in Figure 3.16. For the wheel geometries WG4 and WG6 these plots are attached
in Appendix A.2 "Parameter Study Results". It is apparent that the occurrence of
squealing is not easily predictable due to the interdependence of all parameters. As
a general trend, it is seen that the likelihood to squeal increases with increasing
normal force as well as with an increasing friction coefficient. It is assumed that this
is due to the higher energy input at higher force and friction coefficient. However,
this trend is not seen for higher rolling speed, which could also be interpreted as a
higher energy input. Furthermore, for the lateral creepage a opposite trend is seen,
the number of squealing cases decreases with increasing positive lateral creepage.
For negative lateral creepages, almost no squealing occurs. Contact point CP25
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Table 3.6: Proportion of squealing cases for each damping setting as an indication
of the influence of the upper wheel damping. For WG4 a comparatively larger
dependency on the damping is observed.

WD WG4 WG5 WG6
1 74% 64% 60%
2 26% 36% 40%

Table 3.7: Proportion of squealing cases for each friction coefficient as an indication
of its influence. No notable influence with regard to the wheel geometry is found.

FC WG4 WG5 WG6
0.15 1% 1% 1%
0.30 20% 17% 16%
0.45 36% 37% 37%
0.55 43% 45% 46%

seems to promote squealing more than the other two positions, especially at lower
force inputs or lower friction coefficients.
Choosing one of the wheel geometries for use in the rig is done by considering
specifically the influence of the wheel damping, the friction coefficient and the timing
of the squeal occurrence. As described in Section 3.2.1, a low influence of the wheel
damping on the occurrence of squealing is desired. Table 3.6 shows the percentage
of squealing cases for each wheel geometry in dependency of the wheel damping. In
general, the lower damping setting WD1 leads to more squealing, but WG6 shows
the least dependency here, followed by WG5.
The same strategy applies when considering the friction coefficient. As mentioned
in Section 3.2.1, the actual friction coefficient is hard to foresee and therefore the
wheel geometry with the least influence on that is wanted. Table 3.7 presents the
percentage of squealing cases for each wheel geometry. No significant differences are
found here.
Examining the resulting contact force over time showed that while some simulations
qualifying as squealing cases develop the amplitude early in the process, others
pass the criterion only in the last evaluated time range. It is assumed, that in
reality, where the contact forces are exposed to external irregularities, a simulated,
quick build-up is more likely to actually lead to squealing. Table 3.8 presents the
proportion of squealing cases in dependency of the time for each wheel geometry.
The wheels WG4 and WG6 show an earlier response than WG5.
Based on these evaluations, wheel geometry WG5 is chosen as the wheel geometry,
because of its highest total number of squealing occurrences, the comparatively small
dependency on wheel damping and the friction coefficient. One more reason is its
non-symmetry which enlarges the possibilities of its application as a testing wheel.
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Figure 3.16: The arrangement of the results of the parameter study follows the
schematic outlined above. Each result is represented by a single dot. The dots are
organized in different level groups. The first level, depicted in light gray, clusters
results with the same friction coefficient and normal force. Within these, results
are categorized by their contact position and arranged vertically by their lateral
creepage, shown as dark gray bars. In these bars on the third level, the individual
results, represented by the circles, are organized by the wheel damping and rolling
speed as shown.
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Figure 3.17: Result summary for simulations with wheel geometry WG5. Each
dot represents one simulations, and the color of each dot indicates the time-averaged
force level LFy in the last 150 ms of the simulation. Encircled results fulfill the
squealing criterion.
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Table 3.8: Proportion of squealing cases in dependency of considered evaluation
time segment. It can be noticed that a high percentage of squealing occurs already
in the early time segments.

Time WG4 WG5 WG6
>0.35 s 82% 75% 85%
>1.35 s 93% 86% 95%
>2.35 s 97% 93% 96%
>3.35 s 100% 100% 100%

Table 3.9: Effect of removing potentially coupled modes on the occurrence of
squealing for squealing at about 2020 Hz.

FY,rms in dB Upper Wheel Mode
present removed

Lower Wheel Mode present 13.80 -22.98
removed -59.86 -62.05

Side Study Mode Coupling

It is observed that the frequency content of the lateral force in squealing cases
mainly has one dominant frequency. Generally, there are two main frequencies at
which squealing occurs: at around 2020 Hz and 8580 Hz. A reason for this could lie
in the coupling between modes. It was found that the lower wheel has an axial mode
at 2008 Hz and a radial mode at 8585 Hz. The upper wheel likewise has eigenfre-
quencies close to the dominant squealing frequencies, with axial modes at 2048 Hz
and 8576 Hz. One result has been chosen for each squealing frequency. Figure 3.18
shows the side force over time in Figures 3.18a and 3.18c and the frequency content
in the time range 3.35 s to 3.5 s in Figures 3.18b and 3.18d. In the frequency plots,
the modes in question are indicated by dashed (axial modes) and dotted (radial
modes) lines.
To see the influence of these modes on the occurrence of squealing, for each squealing
case additional calculations are executed. In each additional calculation, one or both
modes are removed from the receptances. The result is shown in the Tables 3.9 and
3.10. Is can be seen that for both squealing cases, if one or both of the potentially
coupled modes are removed, the squealing does not occur. As a consequence, it
can be concluded that the interaction of the two modes does not have no influence.
It can however not be concluded that the coupling of these two modes is the only
reason for the squealing occurrence.
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Figure 3.18: Influence of single modes on the occurrence of squealing. Figures
(a) and (c) show the time domain response of the squealing cases. Rather low
amplitude squealing cases were chosen since then the frequency response, seen in
Figures (b) and (d) is mostly free from distortions by the limit cycle.

Table 3.10: Effect of removing potentially coupled modes on the occurence of
squealing for squealing at about 8580 Hz.

FY,rms in dB Upper Wheel Mode
present removed

Lower Wheel Mode present 18.03 -51.07
removed -54.84 -58.69
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4
Construction

In the construction chapter, the principal ideas for the setup of the rig are developed,
the requirements towards loads are acquired, and the mock-up is described. For
critical parts, analytical or finite element based safety calculations are carried out.

Conceptual Construction
The first step in the construction is developing concepts which are the basis for
further steps. This includes both concrete ideas that are to be implemented as well
as considerations regarding topics that might be of interest in future expansions of
the rig, and such need to be regarded in the construction.

Kinematic Considerations
The way how the lateral displacement, the setting of the angle for the lateral creepage
and the vertical motion necessary for the normal force are implemented in the rig
can result in an interdependence between these motions. This occurs if both motions
are to be realized at one of the wheels. Then, one has to decide which motion is set
first, meaning it defines the change relative to the original state of the wheel. The
other motion defines the change relative to the already altered state. This becomes
clear in Figure 4.1. The original position is drawn solid, the first motion is presented
in dashed lines and the other motion leads to the final setting of the wheel. The
left graphic shows the case if the angle is set first, and the lateral displacement is
conducted in the now rotated reference system. The right graphic shows the case
in which the lateral displacement is set first and the lateral creepage is adjusted in
this shifted reference system. In the left graphic, one can not change the angle of
the wheel in its final position without also affecting the longitudinal position. In the
right graphic, one can not change the lateral position normal to the final position.
For this reason, it is decided to divide the motions between the two shafts. As it is
more feasible to rotate the wheel that is not driven by the motor, the angle for the
lateral creepage is set at the upper wheel while the lower wheel is shifted laterally.

Outer Construction
The general construction idea is to use a combination of sheet metal plates and
I-profile beams for the outer rig. The use of sheet metal has the advantage of being
able to use laser-cutting as a fast and accurate manufacturing tool. Furthermore,
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Figure 4.1: The kinematic interdependence when both the lateral displacement as
well as the lateral creepage are achieved by one shaft. The rectangles represent wheel
positions, where the solid rectangle is the original position, the dashed rectangle
gives the position after the first motion and the dotted rectangle represents the final
position.

when designing hooks and notches in an appropriate way, the assembly can be
simplified and the relative positioning of parts can be improved. This is especially
important for minimizing the angular error between the bearings of one shaft. The
I-profiles provide a standardized and stiff way to connect the plates.

Force Generation Mechanism
The normal force can be generated in several ways that each perform differently
with regard to convenience and complexity of implementation. A hydraulic system
is discussed, which could provide a very convenient use and the potential to change
the normal force during operation. Its downside is the complexity of implementation.
A pneumatic system that could provide both the required accuracy in setting the
force as well as a high enough force could not be found. A electromagnetic force
generation shows the same benefits as an hydraulic system, but again with the
downside of complex implementation as well as potentially high energy costs. All
methods above provide an emergency shutdown, in which the normal force is reduced
in a short amount of time.
Another possibility is the use of a stack of springs which are tensioned by a screw,
which is comparatively inconvenient in its use but gives the possibility of adapting
the suspension stiffness and provides a straightforward implementation. The latter
method is chosen for the test rig.

Longitudinal Creepage
As referenced in Section 1.3 "Placement in actual research", the superposition of
lateral and longitudinal creepage has an impact on the severity or occurrence of
squealing. To introduce longitudinal creepage in this setup a braking of the non-
driven wheel is necessary. The braking torque should not introduce large vibrations
itself while being adjustable and accurate. Ways to achieve this are using a direct
chain connection between the two shafts as described in [20], a second motor as de-
scribed in [10] or possibly even more elaborate solutions. Friction-based braking so-
lutions like disk breaks might introduce vibrations and interfere with the researched
vibration due to squealing.
This design of the test rig does not include a designated longitudinal braking mech-
anism. However, a connection to a brake is prepared by extending the upper shaft,
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leaving space for a coupling.

Vibration Isolation and Damping
The driving unit and the squeal vibrations will transmit to the supporting structure.
This can lead to unwanted radiated noise to the surroundings. Since this is a working
research facility and to ensure higher quality measurements, this radiation should
be controlled. This can be achieved by placeing vibration isolation on the structure.
A decoupling of the vibrating parts from the frame is considered not expedient since
that would introduce unwanted clearances and make the vibrating system more
difficult to describe in models.
A location where damping material could be applied is inside the I-profile beams
shown in Figure 4.7. If placed over the whole frame, a surface as large as 2.88 m2

of damping layers can be achieved, considering only the inner part of all possible
profiles. Damping material can also be applied on parts that are not fixed in space,
that are free to rotate or translate, but still radiate unwanted sound from induced
vibrations. Those elements closer to surfaces of the wheels, could receive damping
material up to 1.05 m2 if available space is found without disturbing the ongoing
studies.
To decouple the rig from the building by preventing vibrations to be transmitted
through the rig feet to the ground, isolator springs can be used. Assuming only
vertical motion and vibration of the rig, a single degree of freedom model could
be used to design the isolator. Due to the considerable mass, even with rather
stiff isolation material, a quite low resonance frequency could be achieved. This
could result in a substantial decoupling for frequencies in the order of the squealing
occurrence.
For the damping of the upper wheel, different concepts exist. A simple method is
attaching a material with a high loss factor to the sides. It can be adjusted by
changing its material properties. The damping can be tuned to specific frequencies
by using sandwich layers. One further way that is described as functioning is de-
lineated in [19]. Here, several layers of thin sheet metal plates are attached to one
wheel, dissipating the vibrational energy.

Measurement Concepts
Several quantities are to be measured in the rig, not only for collecting data for the
ongoing studies but also for monitoring the state of the rig.
Some of these quantities are directly available, for instance the motor speed and
torque. The direct acquisition of these data is recommended if possible. If direct
output cannot be produced, strain gages can be placed around the driving shaft to
estimate the torque, and an optical incremental encoder can be used to measure
rotational speed. The counterpart for the optical sensor can be designed such that
the angle of the shaft is known at all times. For such a device, the axle of the upper
wheel is designed longer in the case such an encoder was to be attached.
The force input into the system as well as the forces acting in the rig are of interest
for both monitoring and squealing research. A passive element indicating the input
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force is the position of the screw head compressing the springs. An active element
like a force sensor can be placed between the press stamp and the cage holding the
upper wheel axle. An option to measure forces in almost any position of the rig is
the use of strain gages. This is the intended method for measuring the lateral force
in the contact point, by placing strain gages on the shaft.
Static measurements to control the position of the two wheels are proposed here.
Those quantities do not need to be real-time monitored as they are fixed during the
rig operation. Two main parameters are to be considered here, the angular position
representing the angle of attack between both wheels, and the lateral position of
the contact patch on the lower wheel tread. Regarding the angular position of the
upper cage, a visual system similar to the rotational disks on a micrometer is an
option. This system is only used to set the value of the lateral creepage using the
following formulas. An accuracy of approximately 0.05° can be obtained with two
rings are placed on the edges of the circular shape top disk (see Figure B.21) with
for example respectively 81 and 90 marks. The lateral position of the contact patch
is to be measured using a caliper. The process can be simplified by providing small
holes in the bearing housing lids, which provide a fixed reference surface.
Quantities of interest for squealing research are the vibrations in the contact the and
emitted noise. Measuring vibrations requires accelerometers on the wheel. However,
the signal cables are an issue because of the wheel rotation. There are two solutions,
either using a wireless device to transmit the signals or to use a slip ring that transfers
signals from a ring rotating with the shaft to a static brush which is slipping on the
ring. The first option needs extra space on the sides of the wheel so the device can
be attached. The second one requires changes on the shafts. With accelerometers
glued to one side of the wheel, all signal cables need to be guided to the end of the
shaft through a central hole. The slip ring is placed at the tip of the axle, flush
mounted inside the hole where the rotating cables come out. Slip rings can have
multiple channels if required and could also be used to transfer an input signal to for
example power a shaker or a piezo-stack. Since on one side, the shaft is connected
to the motor, this path is only planned for the other side of the wheel. If it is of
interest to measure or input signals on the other side, a cable can be transferred
through a hole in the wheel. The hole should be small enough to not influence the
global response of the wheel in the frequency range of interest.

Motor Coupling
The way the motor is coupled to the rig has consequences for the general setup as
well as the vibrational interaction between the motor and the rig. Since in the rig,
squealing as a self excited vibration is to be researched, any external vibrations can
possibly harm the build up of these vibrations. For this reason, it is not recom-
mended to use any torque-converter like a gearbox or a belt drive, since these are
likely to introduce ripples in the torque or in the case of a belt drive a whole new
vibrational system.
However, electric motors by default introduce torque ripple as well, which is linked
to their internal setup and the features of the magnetic field between the rotor and
the stator. Coupling the motor to the wheel while decoupling as much vibrations
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from both sides as possible can be achieved using elastic couplings. These couplings
are made from two stiff elements, connected to the two shafts on both sides, which
are then linked by a rubber element acting as an isolator. In addition angular and
parallel misalignments can be taken care of by the rubber element.
One further demand on the motor coupling is the possibility to axially displace the
shaft due to the considerations in Section 4.1.1 "Kinematic Considerations". It is not
recommended to move the motor with the shaft every time, since the readjustment
to reach coaxiality between the motor and the shaft is both important and tedious.
The axial displacement is furthermore designed such that it can not be changed
during operation, allowing a stiffer and less complex connection. An option that is
used in this design is the use of star disks, which transmit torque by using radial
forces between a shaft and a hub. The selection of star disks for this application
case is extended in Section 4.3.1 "Star Disks".

Active Control Considerations
One application of the test rig is to research active control measures. To avoid
squealing occurrences in the audible range, one discussed idea is the use of dithering.
Dithering is originally a technique borrowed from the audio engineering. It relies on
the fact that distorted sounds or signals can be improved by adding random noise
so that the quantization effect inducing the distortion are overall less disturbing to
the user. With the rig it could be investigated if the dithering noise can cancel the
build-up of the squealing vibrations [31]. For that, a force needs to be introduced
such that it can act with a high frequency on the contact point. Three solutions are
laid out here.
A shaker, mounted to the side of the wheel could introduce lateral vibrations in the
wheel. Such a shaker requires space between the side of the wheel and the bearings
and support. Vertical vibration could be introduced inside the wheel by making
radial cuts and inserting piezo-elements acting as shakers. A larger piezo-element
could also be placed close to the force lever, for example between the lever stamp
and the upper cage. The design of the lever is therefore chosen to be as simple and
modular as possible, making it easy to replace and update parts.

Safety Concepts
Due to heavy masses, loads and high rotations speeds, the safety of the operator
and the equipment is to be considered at all times. And while some safety solutions
can only be detailed during or after building the rig, some conceptual decisions can
simplify that.
Firstly, the rig is to be constructed such that all rotating parts can be enclosed
at least by a steel fence, if possible even by sheet metal. This is meant to stop
anything from getting caught in the rotation. Furthermore, the operator can not
thoughtlessly reach any rotating parts. It is intended to make the settings of the
force, the angle and the lateral displacement available from outside the fence to limit
the amount of times the fence needs to be removed to the minimum.
If equipment is to be changed inside the rig, the steel fence needs to be removed
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temporarily, which brings the operator in potential danger. A lockable, electrical
main switch could provide a higher safety. The idea is to secure the steel fence with
a padlock, with only trained personnel having access to the key. When removing
the padlock from the fence, it is placed in the main switch to the test rig, locking it
to the switched off position. Another concept is having two padlocks, one securing
the main switch and one securing the steel fence. The different keys correspond
to different level operators, with the main switch key being the ‘user-level’ and the
steel fence key being the ‘administrator-level’. An even higher level of safety can
be reached if two locks secure the fence, and two trained staff members have the
different keys. Operations in the rig are then only carried out with both people
present and in mutual supervision.
The motor acts as the emergency brake. If there was an electrical blackout, all that
can be done is letting the wheels coast down. The time to brake down the rig in
dependency of the motor power is estimated in Section 4.3.4 "Motor". An emergency
button needs to be implemented when the motor control is more detailed.
Securing the rig in space by either using external fixations or ground mounting
the feet can avoid vibrations or the wheel inertia from critically moving the rig.
Measurement and power cables are to be secured so that they can not get caught
around a rotating part or moving element.
Another central concept is that the rig is to be run only by piloting it from another
room. This would make sure that the operator can not be reached by any parts
that, despite the efforts mentioned above, reach moving parts and are flung through
the air.

Construction Design
The construction design is the preparation for the dimensioning of the geometry.
This includes the introduction of different load cases and corresponding applied
loads. Key dimensions are the diameters of both shafts, which are the basis for the
bearing selection process and the dimensioning of the wheel hubs.

Considerations regarding contact forces
The dimensioning of the geometry can be based on the contact forces. These are
estimated based on the normal force and the friction coefficient. In Section 3.2.1
"Parameter description" the maximal normal contact force is set to FN = 35kN. The
static friction coefficient used here is µ = 0.65. With the relation between normal
force and lateral force FL the maximum lateral force is found to be F ∗L = µFN =
22750N. In all following calculations, an uncertainty with respect to the setting of
the normal force by 10% is considered. Considering this, the maximum normal and
the lateral force are FN = 38500N and FL = 25025N.
Figure 4.2 shows a top view on the contact point and the forces acting on it in their
respective coordinate systems. The x and x′ axes represent the axial directions of
the wheels. The angular misalignment is described by the angle α. Assuming the
lower wheel is driven, it acts on the contact point normal to its axial direction. This
is depicted by the force FL in the graphic. In the upper wheel, this force leads
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Figure 4.2: Lateral forces acting in the contact point represented by the central
circle. The coordinate system fixed to the upper wheel x’, y’ is rotated towards
the lower wheel coordinate system x, y by α. The length of the arrows is chosen
arbitrarily.

to the reaction forces F ′X and F ′Y . The force F ′X represents the proportion with
which the upper wheel is pushed sidewards, and it needs to be supported by the
bearings axially. The component of the contact force that is oriented in y′ direction
contributes to the acceleration and deceleration of the upper wheel. As long as there
is no external braking torque on the upper wheel, a stationary rotation of both wheels
will lead to the vanishing of the force F ′Y . The side force F ′X is countered by the
forces FX and FY on the lower wheel. The static equilibrium equations lead to the
following relations for the forces.

F ′X = FL sinα (4.1)
F ′Y = 0 or FL cosα (4.2)
FX = F ′X cosα− F ′Y sinα (4.3)
FY = F ′Y cosα + F ′X sinα (4.4)

For the determination of the forces the dynamic behavior during squealing is ob-
served by taking information gained from the parameter study. There, in extreme
cases side forces of up to 10 times higher than the static side force are observed.
The side force F ′X is therefore multiplied with this factor to take the squealing into
account. For the longitudinal force variation a factor of 5 is assumed, although,
since the simulations did not include any longitudinal slip calculation, this can not
be based on the parameter study. However, as long as there is no controlled braking
of the upper wheel, longitudinal forces are either comparatively small or very large,
and therefore the exact figure for this factor is considered not essential. It should be
noted that the simulation assumes a perfectly stiff mounting of the wheels at zero
play, while in reality a lower stiffness of the suspension leads to lower forces for the
same lateral displacement.
Equation 4.2 contains two possible forces, since different load cases need to be con-
sidered. The differentiation of the load cases is necessary since not all parts are
designed to endure all possible loads, as will be described below. A total of three
load cases are treated. The first load case (LC1) is the stationary rolling of both
wheels. F ′Y vanishes as soon as stationarity is reached. The second and third load
case describe misuse situations, in which the FY and F ′Y are substantially larger,
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(a) LC1 (b) LC2 (c) LC3

Figure 4.3: Limit circle with forces acting in the different load cases. The color
and alignment of the forces is the same as in Figure 4.2.

which could corresponds to one of the wheels being blocked. In this case, if the side
force factor 10 is applied, the total lateral force exceeds FL. Since this is physically
not possible, but the actual behavior is unclear, two extreme cases are considered.
Load case two (LC2) assumes that for the blocked wheel, squealing still occurs. The
maximum side force is therefore the same as in LC1. The unused side force poten-
tial is then fully taken up by the longitudinal force. In the third load case (LC3)
it is assumed that by blocking one wheel the complete force will act in longitudinal
direction.
The angle α is assumed to be maximum 1.25 o in either direction. This corresponds
to the objective lateral creepage 2.2 % since tan (1.25 ∗ π/180) = 0.022. However,
as a precaution measure, in the misuse cases LC2 and LC3 an angle of 3 o is used
for the calculation. Figure 4.3 shows the dimension of the force relative to the limit
circle with radius FN .

Shaft Pre-calculation
To get a first estimation of the necessary shaft diameters, the following pre-calculation
is done. Figure 4.4 shows the principal setup of wheel, attached to the shaft which
is suspended between two bearings at the positions A and B. Both bearings are
assumed to be able to take radial loads, while only bearing B takes the axial loads.
The force input into the wheel is represented by the axial force Fa, the radial force Fr
and the tangential force Ft. The distance between the force input and the bearings
are described by a and b, and the diameter of the wheel is d. The first step is to de-
termine the reaction forces at the bearing positions. Using the moment equilibrium
at the bearing position B, the reaction forces at position A can be found as follows:

FA,X = Ftb

a+ b
(4.5)

FA,Y = 2Frb− Fad
2(a+ b) (4.6)

The total radial force on the bearing is calculated by vectorial addition

FA,tot =
√
F 2
A,X + F 2

A,Y (4.7)
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Figure 4.4: Coordinate system definition for shaft strength calculation.

The moment equilibrium around the bearing position A and the force equilibrium
in z direction leads to the reaction forces at the bearing position B.

FB,X = Fta

a+ b
(4.8)

FB,Y = 2Frb+ Fad

2(a+ b) (4.9)

FB,Z = Fa (4.10)
And the total radial force is described by

FB,tot =
√
F 2
B,X + F 2

B,Y (4.11)

The next step is to determine the highest acting bending moment. Due to the non-
steady bending moment distribution along the shaft diameter because of the axial
force input, the two sides of the shaft are considered separately, and then the side
with the maximum moment is chosen for further consideration.

MB,X,left = FB,Y a (4.12)

MB,Y,left = −FA,Xa (4.13)
MB,X,right = FB,Y b (4.14)
MB,Y,right = −FA,Xb (4.15)

A resulting moment is calculated by vectorial addition.

Mmax,res =
√
M2

B,X,max +M2
B,Y,max (4.16)

The necessary shaft diameter can now be estimated using the formula

d ≤ 3

√
32Mb

πσb,allowed
(4.17)

where σb,allowed is the allowed maximum stress, which is depending on the material,
the load scenario and the geometry, andMb is the maximum moment. Since bending
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Table 4.1: Basic design diameters for upper and lower shaft depending on the load
case.

Case Unit Use - LC1 Misuse - LC2 Misuse - LC3
Upper Shaft mm 73 83 80
Lower Shaft mm 95 103 101

moments as well as torsional moments are active, the von Mises yield criterion can
be applied. The von Mises stress is calculated according to

σv =
√
σ2
res + 3(α0τres)2 (4.18)

where α0 is a single number that can be taken from a table, allowing the rating
of shear stresses as normal stresses. For the moments this leads to the composed
moment Mv.

Mv =
√
M2

b,max,res + 3
4(α0Mt)2 (4.19)

The factor α0 is found to be 0.7 for alternating bending and normal steel types. The
minimum diameter therefore needs to be

d ≥ 3

√√√√ 32
πσallowed

√
M2

b,max,res + 3
4(α0Mt)2 (4.20)

with Mt being the torsional moment due to the tangential force Ft. The allowed
maximum stress is found using the formula

σallowed = Re

SCuαk
(4.21)

with Re being the elastic deformation limit of the material, the safety factor S, Cu a
usage factor that compensates for non-uniform motion, and αk taking notches into
account. A safety factor of S = 4, Cu = 1 and αk = 1 are used.
Using the input forces introduced in Section 4.2.1 "Considerations regarding contact
forces" and the geometries described below, the required diameters for each shaft
can be calculated, depending on the load case.

Selection of purchased parts

Star Disks
The connection between the motor and the lower shaft needs to provide a high
enough transmissible torque while at the same time being able to change the axial
position of the lower shaft. As outlined earlier, this is suggested to be done using
Star Disks. Star disks are conical parts that are clamped between a hub and a shaft
and which are axially pretensioned under operation. They operate by creating a
radial force between the hub and the shaft. The emerging surface pressure allows a
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torque transfer between the shaft and the hub. By stacking several Star Disks, the
total transmissible torque can be increased. With this setup, the axial displacement
of the lower shaft can be carried out as long as there is no pretension on the Star
Disks. A data sheet provided by the manufacturer [32] is provided in the Appendix
B.2 "Star Disks Data Sheets".
As described in the data sheet, the maximum transmissible torque M is dependent
on the number of used disks n:

Mn = nM (4.22)
The preload E is likewise proportional to the number of disks used

En = nE (4.23)

Star Disks of the type “A090065IV” with an inner diameter of 65 mm and an outer
diameter of 90 mm provide 131 Nm of transmissible torque when preloaded with
6700 N. With an assembly of 5 disks, a total transmissible moment of Mn = 655Nm
can be transmitted when preloading the stack with 33.5 kN. For the purpose of this
rig it is assumed that approximately 600 Nm is an appropriate driving torque, since
as will be shown later in Section 4.3.4 "Motor", the main torque demand stems from
the acceleration and deceleration of the rig and not from the sustaining of the speed
during operation.

Bearings
As introduced in Section 4.2.2 "Shaft Pre-calculation", each shaft is held in position
by two bearings. The outcome of that section is an estimation for the shaft diameter
at the bearing position, which is used one criterion in the bearing selection. Since
bearings come in standardized sizes, the inner diameter for the upper bearings is
chosen to be 85 mm and for the lower bearings it is 100 mm.
The requirements for the bearings are considered for choosing the bearing type.
Under operation, the bearings will be exposed to high forces in radial direction due
to the normal load, and relatively lower axial forces due to the relatively small angle
that is introduced (see Equation 4.1). The maximum rolling speed should exceed
500 rpm for the lower bearings and 700 rpm for the upper bearings in order to realize
the 50 km/h running speed.
To effectively measure and work with the squealing phenomenon, it is desirable
to achieve a stiff mount of the shafts to minimize its influence. Furthermore, the
harmonic vibration that is introduced into rotating systems by every bearing should
be reduced as much as possible. Hence, bearings with a low clearance and the
potential of an axial pretension are preferred. For the construction and running of
the rig, low costs in acquisition and a low maintenance are desired.
Deep groove single-row roller bearings are chosen due to their ability to carry both
axial and radial loads in a fairly compact setup. By constructing the outer rig as
described in Section 4.1.2 "Outer Construction", the potential angular misalignment
between the bearings is reduced and with that, the need for appropriate bearings
such as spherical roller bearings. Angular roller bearings would be able to carry
even higher axial pretension forces. However, since the stationary axial forces are so
low, the deep groove roller bearings accomplish this task sufficiently. Finally, deep
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groove roller bearings are the most common bearings and therefore beneficial in cost
and support, and they are available as sealed versions which simplify the lubrication.
Identical bearings are used on both sides so that the vibrations introduced by them
at least have the same frequencies, simplifying the analysis of measured signals. The
bearings with the serial numbers 6017-2RS1 and 6020-2RS1 are chosen for the upper
and lower shaft respectively. The data sheets are given in Appendix B.1 "Bearing
Data Sheets".

Disk Springs
Disk springs are used to create an axial pretension Fpreload in the bearings. This
provides a stiff suspension by minimizing the bearing clearance. Deep groove roller
bearings with an inner diameter of 80 mm have a inner clearance of 12µm to 36µm.
With a contact patch of approximately 1.2 mm diameter this could be notable and
important because the influence of the bearing clearance not easily predictable.
The disk springs are set to Fpreload = 5000N by adjusting the number and thickness
of shims that determine the axial spacing between the spring and the bearing housing
lid. It is intended to use these springs on both shafts. By pretensioning only one
side of the shaft, the axial position can be set relative to one housing by inserting
shims. The spring can then act against this fixed side.
These springs are described in DIN 2093 and characterized by the deflection s, up
to which the spring behaves approximately linear, and the force necessary to reach
this deflection Fs. Using the relation for the spring stiffness k = Fs/s, the necessary
deflection si to achieve the force Fpreload is found by si = s · Fpreload/Fs.
For the upper shaft, one spring with the outside diameter of 125 mm is used.
With s = 2.63mm and Fs = 29, 900N the necessary deflection si is found to be
0.44 mm. The spring used is named DIN 2093 - B 125. On the lower shaft the
spring DIN 2093 - B 160 is used, with an outside diameter of 160 mm, s = 3.38mm,
Fs = 41000N and si = 0.41mm.
To change the spring stiffness, several springs can be combined. This is used in the
generation of the FN = 35000N normal force. Here, it is desirable to design the
spring stiffness low enough so the normal force can be set accurately. At the same
time, the spring stiffness needs to be as high as possible to reduce the influence of
the suspension on the contact. To design the spring stiffness, it is assumed that
the normal force is introduced by a M16 screw. The choice of screw leads to the
choice of disk spring, DIN 2093 - A 40 with an inner diameter of 20.5 mm. It is
assumed that when adjusting the normal force, a quarter rotation of the screw is
a differentiable setting. Furthermore, 36 different settings are desirable, to realize
a step size of 1 kN, leading to in total 9 rotations. The pitch of metric screws
describes the axial distance from one crest to the next, therefore in this case giving
the compression of the springs per each rotation. A fine thread with a pitch of 0.5 mm
is picked because it provides more rotations per change in length. A total deflection
of 9 rotations · 0.5mm/rotation = 4.5mm at maximum force is hence desired.
With a lever ratio of 2, which originates in the way the force lever is set up (see
Section 4.4 "Rig Mock-up"), the maximum force at the springs is FN,2 = FN/2 =
17500N. The total spring stiffness ktot needs to be around 3888 N/mm. Using two
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springs in parallel doubles their total stiffness, using them in series halves their total
stiffness. The spring DIN 2093 - A 40 provides a maximum deflection s = 0.68mm
at Fs = 6500N. With three of these springs in parallel the maximum force of
Fs,3 = 3 · Fs = 20400N > FN,2 can be achieved. With 7 packages of 3 springs in
parallel, a maximum deflection of smax = 7 ·0.68mm = 4.76mm ≥ 4.5mm is realized,
with a spring stiffness of ktot = 4097N/mm.

Motor
One motor is used to drive the rig. To realize a transmission that is as direct as
possible, minimizing unnecessary rotational vibration sources, no gearbox or other
torque converters are used. For practicality reasons, the motor is acting on the lower
wheel.
The power requirements for the motor are derived from the necessary torque and
rotational speed. Two cases are included in the power estimation. Firstly, the
motor needs to produce enough torque to maintain the squeal motion. This torque
is described by Tmin,squeal = FXrlw with the longitudinal force FX from Equation
4.3 and the radius of the lower wheel rlw. With FX = 119N and rlw = 261mm the
torque necessary to maintain potential squealing is Tmin,squeal = 31Nm.
Secondly, the power reserve needs to be large enough to accelerate and decelerate
both wheels in a reasonably short time, since the motor also acts as the break. To
estimate a relation between motor power and breaking time, the energy contained in
the rotation of the two wheels at the driving speed of Vkmh = 50km/h is calculated.
The energy E in a rotating body is calculated according to

E = 1
2Jω

2 (4.24)

with the moment of inertia J and the angular velocity ω. The angular velocity is
found by

ω = 2πn = 2πVkmh3.6
1

2πr = Vms
r

(4.25)

with the number of revolutions n, the speed in m/s Vms- The moment of inertia can
be estimated by

J =
∫
M
r2dm (4.26)

weighting each mass element dm with its squared distance from the rotation axis
r2, integrating over a mass M . For rotation symmetric bodies this simplifies to

J = 1
2R

2m (4.27)

with the outer radius R. The mass m of a homogeneous full cylinder is described by
m = ρV = ρπR2l with the density ρ and the length l. The total moment of inertia
for the shaft-wheel combination is the sum of the individual moment of inertias for
each part,

J = Js + Jw = 1
2
(
R2
smw +R2

smw

)
= πρ

2
(
R4
sls +R4

wlw
)

(4.28)
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Table 4.2: Rotational speed, moments of inertia and energy stored at maximum
speed for the upper and the lower wheel-shaft combination. The calculation is
assuming steel with a density of ρ = 7850kg/m3.

Input Unit Upper Wheel/Shaft Lower Wheel/Shaft
ω rad/s 73 53
Rw m 0.19 0.26
lw m 0.08 0.15
Rs m 0.1 0.13
ls m 0.17 0.6
J kgm2 1.5 10.5
E kJ 4 14.7

Since the wheel itself is not a full cylinder but instead the hole is filled with shaft
material, in the calculations the shaft is shortened by the length which is already
included in the wheel. As seen in Table 4.2, the total kinetic energy stored in the
rig at 50 km/h is estimated to be 18.7 kJ. From this, the braking time t can be
estimated by inserting the available average mechanical power during braking and
acceleration by t = Etot/Pmech.
However, the mechanical power of an electrical motor is represented by Pmech = Tω
and since the above-noted approach assumes that the maximum power is constantly
available, this leads to disproportionately high torques at low speeds. To quantify
this influence, a time-stepping simulation of a startup has been done, assuming the
parameters noted above. Two motors are considered, with rated powers of 7.5 kW
and 15 kW. For both, an efficiency of 0.85 is assumed. The time-stepping simulation
allows the limitation of the maximum torque to Tmax = 500Nm. Once the desired
rotation speed is reached, the power input in stopped. For each time step, the
momentary available torque T∗ is calculated and used in the formula

T = J
∂ω

∂t
⇒ ∂ω

∂t
= T∗

J
(4.29)

and after discretization and integration one obtains

dω = T ∗
J
dt (4.30)

Concluding the motor requirements regarding the power, it can be stated that the
desired accelerating/braking time is the critical factor. Motors that are able to
accelerate the rig in a reasonable amount of time, for example 5 seconds, can also
maintain the squealing. Since no emergency brake is planned, the motor acts as the
only brake and therefore the braking time can be the deciding factor.
Further requirements include a low vibration introduction into the system. This can
be achieved with special filter circuits in the control electronics, which are not further
described here. Another way is the decoupling of the motor using a component as
described in Section 4.1.7 "Motor Coupling".
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Figure 4.5: Simulation of the startup for different motors. The rotation speed
( ) in dependency of the momentary torque ( ). The used power ( ) is plotted
as the result of these two. In the top, the graph for a motor with the rated power
of 7.5 kW and in the bottom, the startup of a motor with the rated power of 15 kW
is shown. The desired rotation speed is reached after 2.38 s and 1.39 s respectively.
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width

height

Figure 4.6: A principal sketch of I profiles.

I-Profiles

The selection of the I profile for the setup of the outer frame of the rig is done based
on beam bending theory in combination with the norm DIN EN 10024: 1995. The
norm describes the standard sizes and geometries of I profiles. For these geometries
the second moments of inertia I can be found. The maximum, static deflection of a
beam loaded with a point force is described by the equation

fpoint = Fna
2b2

3EIl (4.31)

with fpoint the deflection at the input point, a and b the distances from this point to
the fixed ends of the beam, the Young’s modulus E and the total length l = a + b.
From the calculations in Section 4.2 "Construction Design" the maximum normal
force on one bearing is found and used as the input for the point force Fn in these
calculations. However, since the force is acting on the bearing housing, and the
bearing housing itself is not acting on the beam directly but on a 20 mm thick sheet
metal plate, the point force assumption is not sufficient as a model. The equation

fdistributed = 5Fnl3
384EI (4.32)

gives the maximum deflection of a beam fixed on the sides for an evenly distributed
load. This, on its own, is likewise not a suitable model, but the real behavior will
be in between these two extreme cases.
Profiles are characterized by their height as seen in Figure 4.6, and heights between
80 mm and 180 mm are discussed. Assuming a normal load Fn of approximately
21 kN and a beam length l of 600 mm, the deflections shown in Figure 4.7 are
calculated. The figure shows that while for the more compact I profiles a change
has a large effect, the thicker profiles all show relatively low deflections in reaction to
this force. Substantially reducing the deflections above the profile height of 140 mm
becomes a very material intensive and can hardly be justified when considering the
clearances and stiffnesses in the rest of the rig. Using profiles with a height of
140 mm is therefore recommended.
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Figure 4.7: Effect of an increased I profile height on the beam deflection, shown
for the assumption of a distributed load and a point load.

Rig Mock-up

In the following, the rig mock-up is presented in sub-assemblies. First, a cross
section of the upper shaft assembly is shown in Figure 4.8. The wheel is pressed
on the shaft as seen in the center of the picture. On the left and right end of the
shaft the bearing seats are visible. Side forces that are introduced into the bearings
are countered by the distance rings that are pressed against the outside of the outer
bearing ring. The axial force is introduced on one side by a disk spring, and on the
other side the correct axial spacing is adjusted with an appropriate number of spacer
rings. The outer parts are the bearing housings, that take all forces on the bearings
and provide room for the disk springs and spacers. The shaft has a central hole on
the left side that is connected to a radial bore hole. This is meant for the connection
of measurement equipment in combination with a slip ring. On the other side, the
shaft is extended to provide an option of attaching measurement equipment or even
a second motor.
The next Figure 4.9 shows how the rotating and the lifting motion of the upper
wheel are integrated. The upper wheel assembly, shown on the left, is mounted in
an assembly called the ‘lantern’. The lantern side walls provide a socket for the
bearing housings of the upper shaft assembly. The rotation around the vertical axis
is introduced by mounting the side plates into two disks, that can be rotated in
two plates with according round holes. This way the necessary lifting motion is
provided. The contact force can be introduced by pressing on the top disk.
The two plates guiding the lantern are named top plate and bottom plate and they
are part of the upper cage. The spacing of these plates is done by the upper cage
side plates. A rod that is connected to both the upper top plate on the cage and
the upper disk on the lantern with ball joints is used to set the angle. By inserting
spacers of different thicknesses the length can be adjusted and repeatably set to the
same lengths. This rod construction can be seen in Figure 4.10. The upper and
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Figure 4.8: Upper shaft assembly.

lower plate are fixed to the frame.
The lower wheel is mounted in the lower shaft assembly shown in Figure 4.11. This
shaft needs to provide the possibility of axial displacing the wheel by approximately
40 mm. This is implemented by using sleeves that hold the bearing and can move
axially in the bearing housing. The sleeves are displayed on the shaft between the
wheel and the bearings. The bearing is pressed on the shaft and on the outside held
by the sleeves, axially secured with locking rings. The sleeves therefore move axially
with the shaft but can rotate around it. They are radially held by the bearing
housing and secured against rotating in it by a feather key. The axial displacement
can be accurately set by spacer rings on both sides. On one side, a disk spring is
inserted to provide the axial pre-loading. Bearing housing lids close the bearing
housings and counter the axial force. To simplify the axial displacement, lubricant
can be pumped between the bearing housings and the sleeves, with guiding cutouts
around the sleeve. On the right, the connection to the motor can be seen.
The lower shaft assembly is mounted in the lower shaft cage assembly as shown in
Figure 4.12. A simple assembly of two side plates on a base plate provides a hold
for the lower bearing housings. To stabilize the side plates, support walls are used
welded to it and connected to the bottom plate as well. The bottom plate is fixed
in the rig frame.
The rig frame is built up of I-profiles, since these provide flexibility for future use, the
necessary stability and come as standard parts. The upper and lower cage assembly
are inserted into the rig frame as shown in Figure 4.13.
The force is introduced by the force lever displayed in Figure 4.14. The horizontal
plates on the left and right are connected to the frame. The force is generated using
disk springs as displayed on the left side. When inserting and tightening a screw in
the round counter-piece that is connected to the frame, the springs are compressed
and act on the lever. The hinges, realized with 35 mm bolts, generate the necessary
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Figure 4.9: Upper shaft cage assembly.

Figure 4.10: Rod and spacers angle setting construction.
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Figure 4.11: Lower shaft assembly.

Figure 4.12: Lower shaft cage assembly.
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Figure 4.13: Core rig assembly.

vertical motion at the central part which is called the stamp. The stamp hinge is
located exactly in the middle of the force lever, leading to a lever ratio of 1:2. With
this, only half the force needs to be generated at the disk springs.
The driving assembly shown in Figure 4.15 is the connection between the motor
and the lower shaft. Here, the axial displacement of the lower shaft is compensated,
since the motor is not meant to follow this displacement every time. Star disks are
used to realize this.
The complete setup can be seen in Figure 4.16.

Stability calculations

Analytic safety calculation for critical parts

Shafts

The shaft safety calculation strictly follows [33, Section 6.9.5], a detailed calculation
is therefore not given here. However, all inputs to the calculation are given in Tables
4.3 and 4.4. The graphs in the top rows of the tables represent the bending moment
distribution Mx and My across the length l of the shaft. Mx describes the moment
emerging from the bearing reaction forces in x-direction, as shown in Figure 4.2.
My is analogously the moment due to the forces FA,y and FB,y. Mt describes the
torsional moment.
For each load case, the stability is evaluated at two positions Pcrit, at the contact
position in the middle of the shaft and at the bearing position of the bearing with
the higher load. These positions are indicated with dashed lines in the graphs. The
shaft diameter d at the calculation position is the basis for the geometrical input
data like cross section and section modulus.
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Figure 4.14: Force lever assembly.

Figure 4.15: Driving assembly.
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Figure 4.16: Complete rig.

In the static strength calculation the goal is to avoid plastic strains during overloads.
This is taken care of by using the overload factor K0. The yield strength of the shaft
material under bending σy and torsion τy is chosen for the material C45. For the
static strength, a safety factor Ss larger than 1.3 to 2.0, depending on the importance
of the structure and the certainty about the acting forces. The minimum safety
factors of 1.9 on the upper shaft as well as 3.2 on the lower shaft, which are reached
in the second load case, fulfill this criterion.
The fatigue calculation considers the material and geometrical characteristics of the
shaft more in depth. Since due to the rotation stress concentrations appear cyclic
around the shaft, surface finishing and heat treatment become more important for
the calculation. This is taken care of with the calculation coefficients K∗.
Kdσ and Kdτ are influence factors of the shaft diameter, chosen for carbon steel
from [33, Table 6.47]. KFσ and KFτ are factors considering the finishing treatment,
here assuming the finishing grinding with a roughness of Rz 0.8 - 1.6µm, found
in [33, Table 6.48]. Kv corrects for surface hardening, which is not done here, and
so it has the value 1. Kσ and Kτ from [33, Table 6.50] are factors taking the
geometry surrounding the critical position into account, since step junctions and
small chamfers can lead to high stress concentrations. It is assumed that only the
step that localizes the bearings axially has a radius small enough to be considered
here, and all other diameter changes are designed with large radii.
The endurance limits of the smooth, ideal geometry σ−1 and τ−1 are given in [33,
Table 6.45] and are chosen for the material C45. Not all materials react in the
same way to stress cycle imbalance, and therefore the factor Ψτ from the same table
compensates for that.
With these specifications the safety factor Sf is calculated. The value for the fatigue
strength safety factor should be larger than 1.5 to 2.5. Similar to the static calcu-
lation, for both shafts the second load case is critical at the input position. The
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safety values of 2.1 and 1.7 for the upper and lower shaft respectively are within the
acceptable range. However, it has to be noted that the load case 2 represents an
unusual situation, in which the rig will not be used for extended amounts of time.
The fatigue safety factor for this case is thus not very significant. The fatigue safety
factors for the use case are acceptable.
Without going into detail in the calculation here, the effect of introducing a braking
torque of Tbr = 600Nm on the upper shaft into the LC1 calculation can be shown.
This torque is chosen for feasibility reasons, since motors that could introduce Tbr
are likely rather large in size, especially when used without a gearbox. In this case,
the static safety factor for the input position is about 2.0 for the upper and 2.5 for
the lower shaft. The fatigue strength safety factor for the input position is 2.3 for
the upper and 1.9 for the lower shaft and thus in an acceptable range.

Bearings

The bearing life rating calculation is a tool to estimate the number of rotations,
in which the bearing, with a probability of 90 %, does not fail. The calculation is
described in [34], which links to the standard ISO 281:2007, and is executed using
the equation

L10 =
(
C

P

)p
(4.33)

with the basic bearing life rating L10, the basic dynamic load rating C which is given
by the manufacturer, and the equivalent dynamic bearing load P . The exponent p
is depending on the type of bearing, for ball bearings it is 3.
The dynamic bearing load P is a combined measure of the acting axial and radial
forces and is calculated using [35]. The axial force Fa as well as the radial force Fr
are weighted with the factors X and Y and added according to

P = XFr + Y Fa. (4.34)

In [36] a table is given in which the coefficients X and Y are found, according to a
factor f0Fa/C0. The calculation factor f0 is found in the data sheet of the bearing.
In the case of slow or no rotation, the contact stress between single balls and the
raceway can not exceed the yield strength of the materials. This is considered using
the basic static load rating C0, which is compared to the equivalent static bearing
load P0,

P0 = X0Fr + Y0Fa (4.35)
as described in [37]. The coefficients X0 and Y0 for deep groove ball bearings are
0.6 and 0.5 respectively. However, if the radial force Fr exceeds the calculated P0,
Fr is used as the equivalent static bearing load. The static load safety factor can be
determined using Sb,s = P0/C0.
The calculation input data and results can be found in Table 4.5. For both shafts
and each load case, the bearing life and static bearing load are calculated. It should
be noted that the bearing life estimation for the load cases LC2 and LC3 is not very
meaningful since those load cases do not represent permanent operating conditions.
To illustrate the life expectancy result, it is also given in traveled distance, and
due to the different sized diameters of the wheels the same distance of 57 000 km is
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Table 4.3: Calculation inputs and results from the shaft safety calculations for the
upper shaft. The plots show the moments along the shaft, with the maximum value
given.

Input Unit LC1 LC2 LC3

Mx Nm

1,279 1,502

My Nm

3,304 4,029 2,785

Mt Nm

4,755 4,755

Geometry
l mm 240 240 240 240 240 240

Pcrit mm 120 240 120 240 120 240
d mm 100 85 100 85 100 85

Static strength calculation
K0 − 3 3 3 3 3 3
σy MPa 640 640 640 640 640 640
τy MPa 290 290 290 290 290 290
Ss − 3.5 >10 1.9 2.8 2.2 2.8

Fatigue strength calculation
Kdσ − 0.71 0.71 0.71 0.71 0.71 0.71
Kdτ − 0.59 0.59 0.59 0.59 0.59 0.59
KFσ − 0.9 0.9 0.9 0.9 0.9 0.9
KFτ − 0.95 0.95 0.95 0.95 0.95 0.95
Kv − 1 1 1 1 1 1
Kσ − 1.9 1.9 1.9 1.9 1.9 1.9
Kτ − 1.55 1.55 1.55 1.55 1.55 1.55
σ−1 MPa 250 250 250 250 250 250
τ−1 MPa 150 150 150 150 150 150
Ψτ − 0.005 0.005 0.005 0.005 0.005 0.005
Sf − >10 >10 2.1 4.6 2.5 4.6
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Table 4.4: Calculation inputs and results from the shaft safety calculations for the
lower shaft. The plots show the moments along the shaft, with the maximum value
given.

Input Unit LC1 LC2 LC3

Mx Nm

18 3,297 3,749

My Nm

7,140 8,280 6,598

Mt Nm

31 6,523 6,523

Geometry
l mm 750 750 750 750 750 750

Pcrit mm 300 600 300 600 300 600
d mm 145 100 145 100 145 100

Static strength calculation
K0 − 3 3 3 3 3 3
σy MPa 280 280 280 280 280 280
τy MPa 150 150 150 150 150 150
Ss − 3.4 >10 3.2 6.3 3.7 6.3

Fatigue strength calculation
Kdσ − 0.71 0.71 0.71 0.71 0.71 0.71
Kdτ − 0.59 0.59 0.59 0.59 0.59 0.59
KFσ − 0.9 0.9 0.9 0.9 0.9 0.9
KFτ − 0.95 0.95 0.95 0.95 0.95 0.95
Kv − 1 1 1 1 1 1
Kσ − 1.9 1.9 1.9 1.9 1.9 1.9
Kτ − 1.55 1.55 1.55 1.55 1.55 1.55
σ−1 MPa 250 250 250 250 250 250
τ−1 MPa 150 150 150 150 150 150
Ψτ − 0.005 0.005 0.005 0.005 0.005 0.005
Sf − 2.3 >10 1.7 >10 2.0 >10
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Table 4.5: Calculation Data for the Bearing Life Rating

Input Unit Upper Shaft Lower Shaft
Bearing Data

Bearing Name 6017-2RS1 6020-2RS1
C kN 52 63.7
C0 kN 43 54
f0 − 15.8 15.9

Forces
Load Case LC1 LC2 LC3 LC1 LC2 LC3

Fr kN 11 12 20 15 15 21
Fa kN 10 18 5.0 10 19 6.3

Bearing Life estimation
X − 0.56 0.56 0.56 0.56 0.56 0.56
Y − 1.08 1.03 1.43 1.08 1.03 1.35
P kN 17 25 18 20 28 20
L10 10× 106 rot 48 15.9 42.7 35 11.3 32

Distance 1000 km 57 19 51 57 18 52
Static Bearing load

P0 kN 12 16 22 15 19 21
Sb,s − 3.6 2.7 2.2 3.7 2.9 2.6

reached. However, it is expected that the actual distance traveled before bearing
failure is considerably larger, since LC1 assumes full forces, including the extreme
side forces due to squealing, permanently acting on the bearing. And while this
state can be reached for some periods of time, the anticipated use includes driving
the rig with lower normal forces and lateral creepages. One further aspect that can
increase the bearing life substantially is to consider the direction of the axial force
which is linked to the direction of the introduced angle, and to adapt the direction
of the axial pretension opposite to that. Hence, the considered maximum axial load
from LC1 is reduced by the pretension of 5 kN while maintaining the benefits of the
pretension. The minimum static bearing load safety factor of 2.2 is reached in LC3
for the upper shaft.

Bolts

The normal force is applied with the lever displayed in Figure 4.14. The stability of
the bolt connecting the parts of the hinge can be evaluated by considering the shear
forces and moments acting on it. A simplified setup is sketched in Figure 4.17.
The shear force Fshear is largest at the position “b”, where F/2 is acting as shearing
on the bolt cross section, and is zero at the central position “a”. However, here the
bending moment on the bolt is largest. Assuming the thickness t for the material,
the bending moment at the position “b” is Mbend,b = Ft/4 and Mbend,a = 3Ft/8.
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Figure 4.17: Principal Sketch of the Force Lever Bolt.

With these, the stresses σ in the cross sections are evaluated as follows:

σbend,∗ = Mbend,∗/Wb (4.36)

with the section modulus Wb = πd3/32 [38]. The shear stress τ is found as

τ=
F/2
A

(4.37)

and with the section surface area A. In position b both the shearing stress and the
bending stress act, and the von-mises criterion for equivalent tensile stress is used:

σv,b =
√
σ2
b + 3τ 2 (4.38)

In position “a” only the bending moment is critical and the bending stress is used
directly in the calculation of the safety factor, σv,a = σbend,a. The steel S275 is chosen
as a reference for the stability since it is a common steel for general engineering
purposes. Its minimum yield strength of 275 N/mm2 is compared to the stresses
σv,∗. Table 4.6 shows the calculation details. As a last step, the pressure in the
hole of the fork and the beam is calculated. For that, the projected contact areas
Aproj,fork = td and Aproj,beam = 2td are compared to the applied force using

pbeam = F

Aproj,beam
(4.39)

pfork = F/2
Aproj,fork

(4.40)

It becomes clear that the pressure in the fork and beam is the same, being 38500N/840mm2 =
46N/mm2 < σallowed.

59



4. Construction

Table 4.6: Overview over the calculation data for the bolt safety calculation.

Input Unit Position “a” Position “b”
Geometry

t mm 12 12
d mm 35 35
D mm 87.5 87.5
Wb mm3 4209 4209

Forces
F kN 38.5 38.5

Fshear kN 0 19.25
Mbend,∗ Nm 462000 115500

Results
σbend,∗ N/mm2 110 27
τ N/mm2 0 20
σv,∗ N/mm2 110 44

σallowed N/mm2 275 275
S − 2.5 6.2

Press fits

Both wheels are connected to the shafts by press fits. This allows a good centering
and coaxiality of wheel and shaft, minimizing imbalance excitation. The design of
the press fits is done according to [33]. Since the comprehensive description of the
general way to calculate this is given in the [33, Section 6.10.3], here only the input
data and the results will be presented, together with a short overview over the data
used. The input and output data can be found in Table 4.7.
The calculation is based on geometrical data like the contact diameter d, the hole
diameter of a bore hole in the shaft d1, the outer hub diameter d2, and the contact
length l. Further inputs are the material data Young’s Modulus E, Poisson ratio ν
and the yield strengths of shaft σY,1 and hub σY,2.The forces considered are derived
from the contact forces described in Section 4.2.1 "Considerations regarding contact
forces". Here, the axial force Fa is taken from load case 2 and the torque T is taken
from load case 3.
The aim is to calculate the necessary tolerances for shaft and hub, with the basic
idea that the contact pressure between shaft and hub in any case needs to be large
enough to transmit the acting forces, while at the same time not exceeding the yield
strengths of the materials. This is ensured with a safety factor K. The contact
is characterized by the friction coefficient f and the surface roughness Ra1 and
Ra2 for shaft and hub respectively. Temperature differences open up the range of
possible interferences and need to be taken into account. The linear expansion
coefficients α1 and α2 for shaft and hub respectively together with the average
volumetric temperatures t1 and t2 quantify the amount that the connection loosens
up when heated.
The results give the minimum and maximum required interference Nmin,req and
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Nmax,req as well as the chosen fits. The H7/u7 fit provides an acceptable interference
for both shafts. The mounting of this connection can be done in a press or by
heating the wheel and cooling the shaft. ∆T is the temperature difference necessary
to mount the wheel on the shaft without an axial force acting Fs is the axial force
necessary to mount the wheel on the shaft without a temperature difference.
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Table 4.7: Calculation inputs and results for the press fits of the shaft-wheel
connections.

Input Unit Upper Shaft Lower Shaft
Geometry

d mm 100 145
d1 mm 0 0
d2 mm 135 198
l mm 165 180

Material
E MPa 2.1e6 2.1e6
ν − 0.3 0.3
σY,1 MPa 275 275
σY,2 MPa 360 360

Forces
Fa kN 21.8 21.8
T Nm 6532 6532

Calculation factors
K − 3 3
f − 0.14 0.14
Ra1 µm 0.8 0.8
Ra2 µm 1.6 1.6
α1 − 12e-6 12e-6
α2 − 12e-6 12e-6
t1

oC 20 40
t2

oC 40 40
Results

Nmin,req µm 82.1 132
Nmax,req µm 185 262

Fit − H7/u7 H7/u7
Nmin µm 119 171
Nmax µm 169 227
∆T oC 173 159
Fs kN 765 1177

62



4. Construction

FEM stability calculations
Critical elements difficult to be analyzed analytically but presenting high risk of
breaking are studied using the Finite Element solver implemented in the commercial
software CATIA.

Lantern Sides

The Lantern Sides are the parts presented in the drawing Figure B.20 in Appendix
B.3 "List of Parts". Together with the Top Disk, they are the first elements trans-
mitting the vertical force to the upper wheel. Due to strong displacement induced
in the upper wheel from the squealing, high lateral forces are expected on the inside
on the lantern sides, where the bearing housing is mounted.
Shown in Figure 4.18 are the elements fully clamped in space for the lantern sides
during the study as those feet are mounted using two M8 screws on each supporting
plate.
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Figure 4.18: Lantern Side Clamped Feet
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Figure 4.19: Lantern Side Contacting Surface with Bearing Housing

The surface area where the bearing housing is in contact with the lantern side is
0.01 m2. According to Table 4.5, the maximum axial load that one side should be
able to withstand is 18 kN. On the surface shown in 4.19, it is found that applying
such a force induces a lateral displacement of at most 25 µm at the bearing housing

63



4. Construction
xy

z

Links Manager.1

Finite Element Model.1

Nodes and Elements

Properties.1

Static Case

Analysis Manager

Materials.1

Restraints.1

Loads.1

Static Case Solution.1

Sensors.1

Translational displacement vector.1

Von Mises stress (symbol).1

Material.1

OCTREE Tetrahedron Mesh.1 : sidePlate

3D Property.1

Link.1 -> D:\Utilisateurs\GitHub\Modelling\CAD\FE analysis\lantern sidePlate\sidePlateFE.CATPart

Results -> C:\Users\arthur\AppData\Local\Temp\Analysis1_8.CATAnalysisResults

Computations -> C:\Users\arthur\AppData\Local\Temp\Analysis1_8.CATAnalysisComputations

xy

z

Von Mises stress (symbol).1

N_m2

1,01e+008

9,28e+007

8,43e+007

7,59e+007

6,75e+007

5,9e+007

5,06e+007

4,22e+007

3,37e+007

2,53e+007

1,69e+007

8,43e+006

0

On Boundary

Links Manager.1

Finite Element Model.1

Nodes and Elements

Properties.1

Static Case

Analysis Manager

Materials.1

Restraints.1

Loads.1

Static Case Solution.1

Sensors.1

Translational displacement vector.1

Von Mises stress (symbol).1

Material.1

OCTREE Tetrahedron Mesh.1 : sidePlate

3D Property.1

Link.1 -> D:\Utilisateurs\GitHub\Modelling\CAD\FE analysis\lantern sidePlate\sidePlateFE.CATPart

Results -> C:\Users\arthur\AppData\Local\Temp\Analysis1_8.CATAnalysisResults

Computations -> C:\Users\arthur\AppData\Local\Temp\Analysis1_8.CATAnalysisComputations

Figure 4.20: Lantern Side Von Mises Stress under a Force of 18 kN

position. A maximum stress is found in the area between the two lower feet as
shown in Figure 4.20.

Table 4.8: Lateral Displacement and Maximum Stress in Local Critical Area of
the Lantern Side Plate as Function of Applied Force.

Force Applied in kN 18
Lateral Displacement in mm 0.025
Maximum Stress in MPa 10.1

The maximum stress achieved here is far below the yield strength value of steel,
and therefore the design of the plate should hold lateral displacement values. This
maximum stress can be as low as 200 MPa for weaker steels, and would represent a
vibrational displacement of half a millimeter.

Lower side plates

Like for the upper axle, the supports of the lower axle bearings are studied using
FE analysis. The supports are again shaped like a plate with different holes, and
instead of being hold from the bottom and top, are simply mounted from below and
the side to a Lower Bottom Plate. As a results, the parts shown is Figure 4.21 taken
from Appendix B.23 are clamped in space in the software.
A similar surface of 0.014 m2 to the surface shown in 4.19 is in contact with the
bearing housing of the lower axle, and needs to stand a lateral force of 19 kN ac-
cording to Table 4.5. When applying this force, it is found that a displacement at
the bearing housing position of 6 µm. The maximum Von Mises stress obtained from
this displacement is shown is the following figure.
One can see that globally the plate is rather stiff. The maximum stress in around
8.6 MPa and is again way below the yield strength of steels. One can also notice
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Figure 4.21: Half Clamped Elements on the Lower Side Plate
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Figure 4.22: Lower Side Plate Von Mises Stress under a Force of 19 kN

that the high stresses concentrate around area that are clamped, and that are lo-
cated at a corner close to the area where the force is applied. The surface where the
consolidating element is mounted on is modelled using perfect sharp angle, which
means that within this corner, the stress concentration can become infinite and can
be potentially responsible for errors. In reality, that stress concentration will still
be present, but it will probably be even lower so that in the end, the design of this
Lower Side Plate is considered sufficiently robust.

Table 4.9: Lateral Displacement and Maximum Stress in Local Critical Area of
the Lower Side Plate as Function of Applied Force.

Force Applied in kN 19
Lateral Displacement in mm 0.006
Maximum Stress in MPa 8.6
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Discussion

A number of findings and solutions demand a critical reflection, both in the design
and the construction part of the thesis. Starting with the design section, it was
found that changing the geometry has a significant influence on the receptance (see
Figure 3.10). Furthermore, a method of introducing wheel damping by adding sheet
metal layers is proposed. However, the impact of the added mass for the damping
on the receptance is not considered.
The two considered speeds 35 km/h and 50 km/h are quite fast, when considering
that the situation that is supposed to be replicated is a tram going around a tight
curve. Squealing has been shown to occur for significantly lower speeds, for example
4 km/h [19]. It could be beneficial to research the squealing occurrence for such
speeds when searching for an appropriate rail wheel geometry.
Looking at Figure 3.14, a division of the results in two groups is visible. One group
is described by all results that have a lateral force level of below −120 dB, and
the other group can be characterized by results over more than −30 dB. For an
unknown reason, no results are found in between these two force levels. No further
investigation was done to find the reason for this divide. However, if this behavior
was not specific to this set of simulations, the divide could be used to replace the
rather arbitrarily set 0 dB squealing criterion. Even though a squealing criterion of
for example −40 dB corresponds to a rather small force, it divides the results into a
group where “something happens” and a group where “almost nothing happens”.
As pointed out in the introduction, some authors claim that squealing modes are
axial modes [6, 10]. Admittedly, squealing was found at the frequency of 8580 Hz,
where an axial mode of the rail wheel at 8576 Hz is coupled to a radial mode of the
wheel at 8585 Hz. Even so, the method of using the lateral force as an indicator for
squealing lacks an essential feature, namely the sound radiation. An excitation of
the wheel by the lateral force only leads to squeal noise if the wheel also has a good
radiation efficiency at that frequency. To quantify that, a more elaborate model as
for example described in [29] is necessary.
Individual parameters could be analyzed more in depth but were not elaborated on.
However, running such a study is time consuming, and some parameters like rolling
speed and wheel damping that were assumed minor were only investigate a couple
of time so that this detailed analysis cannot rely on a linearity assumption for any
of the parameters.
A few points concerning the construction solutions need to be critically discussed.
Since at the time of the report writing it is unclear what materials are accessible,
rather weak materials have been assumed for the stability calculation. A better
integration of the available materials into the calculation could have lead to a more
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5. Discussion

targeted design, possibly leading to a more lightweight design. On the other hand, a
re-investigation of the stability after the rig is built could confirm a higher stability
and therefore a larger range in which the rig can be used.
The lateral forces are planned to be measured using strain gages on the shaft. The
idea to use slip rings for the transmission of the data from the rotating shaft to
the stationary measurement equipment is followed. However, slip rings proved to
be rather expensive pieces of hardware. It might be worth considering a wireless
connection for the data transmission, as shown in [23]. Furthermore, the possibil-
ity of integrating force transducers into the bearing housings exists but was not
investigated thoroughly.
The limitation of the maximum transmissible torque on the drive shaft is described
to be done by the introduced star disks. And while star disks certainly limit the
maximum transmissible torque, they are not specifically designed for this task. They
are used in this case primarily to facilitate the lateral displacement of the lower shaft.
A slipping of the star disks could potentially affect the surface of the involved shaft
and hub or destroy the star disks themselves. It is therefore highly recommended
to integrate a torque based control into the motor-control to limit the maximum
aligning torque.
The rig is set up such that all settings can be changed from outside the ‘box’ de-
scribed by the lower bottom plate and the upper top plate, connected by the four
vertical I-profiles. This has benefits for safety, since the inner box can be encapsu-
lated with either a fence if radiation measurements are conducted, and otherwise
rigid plates. When using rigid plates, it can furthermore be used to test the influence
of humidity and temperature.
Generally, this report can only to be understood as a design guideline. If the rig is
actually build and operated, the full responsibility for the safety of the equipment
and users lies in the person building and/or operating it. This is especially because
the safety considerations are in a conceptual state in this report and need completion.
Furthermore, not all involved parts are known at the point of report writing, making
a detailed safety plan impossible.
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6
Conclusion and Outlook

This thesis presents a design proposal for a squealing noise test rig that can be used
in a university environment for research and investigation of railway vehicle wheel
squeal noise. A preliminary literature study revealed that other rigs built for similar
purposes are often roller rigs, with two steel disks rolling on each other. Based on
computational models and additional results from the literature study, the different
parameters influencing squealing were located. In order to dimension the rig and to
find the range of applicability of the parameters a parameter study was run. Sought
was the best set of those parameters that would increase the likelihood for squealing
to occur in the rig. The results of this study allowed a targeted selection of the upper
wheel geometry and running a study was therefore suitable for this purpose. A plan
for the construction of the rig was detailed in a CAD model. The non-standard
parts included in the CAD model are described in drawings.
However, the geometry is still subject to reviews and modifications and will cer-
tainly undergo changes during its actual manufacturing and assembly. Guidelines
for mounting and safety feature implementations are required before the rig is built.
Furthermore, the monitoring and measuring of the rig as well as the motor control
need to be elaborated on.
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Upper Wheel Geometries Eigenmodes
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Figure A.1: Axial modes are with square marks, radial modes with diamonds and
circumferential modes with circles. Solid, dashed and dotted lines are respectively
for zero, one and two nodal circles.
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Parameter Study Results
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Figure A.2: Result plot for simulations with wheel geometry WG6.
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Figure A.3: Result plot for simulations with wheel geometry WG4.
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Lower Wheel Mockup

Figure A.4: Back View of the Lower Wheel

Figure A.5: Front View of the Lower Wheel
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Bearing Data Sheets
The bearing data sheets are shown in Figure B.1 for the bearing type 6017 and
Figure B.2 for the bearings Type 6020.

Star Disks Data Sheets
The two paged data sheed for the star disks is shown in Figures B.3 and B.4.

List of Parts
As a last step before the manufacturing and construction of the actual rig, a compact
list of all parts included in the test rig, sorted by their assembly group is presented.
It needs to be pointed out that the list is not entirely complete, since not all parts
are included in the mock-up at the time of report writing. Missing parts include the
damping materials, protection fences, any type of sensory equipment, and others.
Furthermore, some parts are listed but not fully described, like the grease used
(number 05-01-012) or most of the parts belonging to the driving unit assembly.
However, since during the continuation of the project outside of this report the rig
is inevitably going to undergo now unforseen changes, it is impossible to present a
comprehensive list of parts at this point.
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6017-2RS1
SKF Explorer

d a min. 92  

d a max. 99.3  

D a max. 123  

r a max. 1  

d   85  

D   130  

B   22  

d 1 ≈ 99.4  

D 2 ≈ 119.1  

r 1,2 min. 1.1  

Dimensions

Abutment dimensions

Calculation data
Basic dynamic load rating C   52  

Basic static load rating C 0   43  

Fatigue load limit P u   1.76  

Limiting speed     3000  

Calculation factor k r   0.025  

Calculation factor f 0   15.8  

Mass
Mass bearing     0.929  

Figure B.1: Data Sheet for Bearing Type 6017-2RS1 from [39].
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6020-2RS1
SKF Explorer

d a min. 107  

d a max. 115.9  

D a max. 143  

r a max. 1.5  

d   100  

D   150  

B   24  

d 1 ≈ 115.95  

D 2 ≈ 138.3  

r 1,2 min. 1.5  

Dimensions

Abutment dimensions

Calculation data
Basic dynamic load rating C   63.7  

Basic static load rating C 0   54  

Fatigue load limit P u   2.04  

Limiting speed     2600  

Calculation factor k r   0.025  

Calculation factor f 0   15.9  

Mass
Mass bearing     1.296  

Figure B.2: Data Sheet for Bearing Type 6020-2RS1 from [40].
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76-1

76-2

Star Discs
for frequent clamping and loosening
short axial width

Features
• Forfrequentclampingandrelease

• Shortaxialwidth

• Adjustabletotherequiredtorqueby
multiplearrangementsintheformof
discpacks

• Lowactuatingforcerequired,thusideal
formanualactuation

Application example
Backlashfreeattachmentofagraduateddialin
afeedunitwithaStarDisc.Afterreleaseofthe
rightknurlednut,thedialcanbeadjustedin
circumferentialdirection.

Example for ordering
100StarDiscsforshaftdiameterd=20mm:

• 100pcs.A20SS37
Articlenumber1032-037004-000000

Tolerances

• h9forshaftdiameterd
• H9forhubboreD

Surfaces

Average surface roughness at the contact
surfacesbetween the shaft and thehubbore:
Rz =10…25µm.

Materials

Thefollowingapplytotheshaftandthehub:
• Yieldstrength Re ≥300N/mm2

• E-module≥170kN/mm2

Thetransmissibletorquesoraxialforceslistedon
thefollowingpagearesubjecttothefollowingin-
formation aboutdiscpack, tolerances, surface
characteristicsandmaterialrequirements.Please
contactusinthecaseofdeviations.

DiscPack

ThetorqueMstatedinthetableappliesforone
stardisc.Incaseofmultiplearrangementsofstar
discs in disc packs of up to 16 star discs, the
followingapplies:

Torque Mn=n·M

Preloadforce En =n·E

Load-bearingaxialwidth L1 ≈n·s

Transmissible torques

Figure B.3: Data Sheet for Star Disks, page 1/2, from [32].

VIII



B. Appendix - Construction

77

L1

ø 
d h9

ø 
D

H
9

9°

s

ø 
D

ø 
d

77-277-1

4 14 0,50 0,16 100 29 140 0,3 A4SS14 1032-014002-000000

5 14 0,50 0,29 116 41 210 0,3 A5SS14 1032-014003-000000

6 18 0,50 0,34 94 31 180 0,5 A6SS18 1032-018001-000000

8 18 0,50 0,72 113 50 310 0,5 A8SS18 1032-018003-000000

10 22 0,60 1,26 105 48 430 0,9 A10SS22 1032-022002-000000

11 22 0,60 1,53 105 53 500 0,8 A11SS22 1032-022003-000000

12 27 0,65 1,95 104 46 520 1,4 A12SS27 1032-027001-000000

14 27 0,65 2,80 110 57 680 1,3 A14SS27 1032-027003-000000

15 27 0,65 3,30 113 63 770 1,2 A15SS27 1032-027004-000000

16 37 0,90 5,10 111 48 1030 3,7 A16SS37 1032-037001-000000

17 37 0,90 5,90 113 52 1150 3,6 A17SS37 1032-037002-000000

18 37 0,90 6,80 117 57 1270 3,5 A18SS37 1032-037003-000000

20 37 0,90 8,70 121 65 1540 3,2 A20SS37 1032-037004-000000

22 42 0,90 9,90 114 60 1490 4,3 A22SS42 1032-042001-000000

24 42 0,90 12,2 118 67 1760 4,0 A24SS42 1032-042002-000000

25 42 0,90 13,5 120 71 1900 3,8 A25SS42 1032-042003-000000

28 52 1,15 21,0 116 63 2550 8,2 A28SS52 1032-052001-000000

30 52 1,15 25,0 121 70 2900 7,7 A30SS52 1032-052002-000000

35 52 1,15 33,5 119 80 3750 6,3 A35SS52 1032-052004-000000

38 62 1,15 40,5 122 75 3600 10,2 A38SS62 1032-062001-000000

40 62 1,15 45,5 124 80 4000 9,5 A40SS62 1032-062002-000000

42 62 1,15 51,0 126 85 4450 8,8 A42SS62 1032-062003-000000

45 62 1,15 60,0 129 94 5200 7,7 A45SS62 1032-062004-000000

48 70 1,15 68,0 128 88 5000 11,0 A48SS70 1032-070001-000000

50 70 1,15 75,0 130 93 5500 10,2 A50SS70 1032-070002-000000

55 70 1,15 93,0 134 105 7000 8,0 A55SS70 1032-070003-000000

60 80 1,15 112 135 101 6800 11,9 A080060IV 1032-080001-000000

65 90 1,15 131 135 97 6700 16,5 A090065IV 1032-090001-000000

70 90 1,15 154 137 106 8000 13,6 A090070IV 1032-090002-000000

75 100 1,15 176 136 102 7800 18,6 A100075IV 1032-100001-000000

80 100 1,15 205 139 111 9300 15,3 A100080IV 1032-100002-000000

85 110 1,15 230 138 107 9000 20,7 A110085IV 1032-110001-000000

100 120 1,15 325 141 118 11900 18,7 A120100IV 1032-120001-000000

Star Discs
for frequent clamping and loosening
short axial width

Dimensions TechnicalData Type Articlenumber
Transmissible Contactpressureat Preload Weight

Size torque Shaft Hub force
d D s M PW PN E
mm mm mm Nm N/mm2 N/mm2 N kg/100pieces

Figure B.4: Data Sheet for Star Disks, page 2/2, from [32].
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Table B.1: List of Parts includes all parts that are described and included in the Mock-up at the time of report completion. Parts
that are manufactured (marked with “make” in the Make/Buy-column) are further described by the drawings attached below.

Assembly Sub As-
sembly

Part Name Part
Num-
ber

Amount Serial Num-
ber/ISO

Drawing
Number

Assembled to Make /
Buy

Manu-
facturing

Drawing
revision

01
-c
ag
e

X
X

bottomPlate 001 1 01-XX-001 cage make Laser 2
upperGuiders 002 6 01-XX-002 cage make Laser 1
largeSidePlate 003 4 01-XX-003 cage make Laser 2
smallSidePlate 004 4 01-XX-004 cage make Laser 2
topPlate 005 1 01-XX-005 cage make Laser 3
M8x40 006 6 ISO 4014 01-XX-006 cage buy
M8x30 007 24 ISO 4017 01-XX-007 cage buy
M8 Nut 008 14 ISO 4032 01-XX-008 cage buy
M8 Shims 009 30 01-XX-009 cage buy
M12x40 010 12 ISO 4017 01-XX-010 frame buy
spacerPin 011 1 01-XX-011 cage make Turning 2
M12 Shims 012 24 01-XX-012 frame buy
M12 Nut 013 12 ISO 4032 01-XX-013 frame buy
lowerGuiders 014 4 01-XX-014 cage make Laser 1

02
-
to
ne
ar
m

X
X

M8 rod 400mm 001 1 02-XX-001 tonearm buy
Flange 002 2 02-XX-002 tonearm make Laser 2
M8 Angle Joints 003 2 02-XX-003 tonearm buy
Spacer1200 004 4 02-XX-004 tonearm make Laser 1
Spacer0200 005 10 02-XX-005 tonearm make Laser 1
Spacer0050 006 10 02-XX-006 tonearm make Laser 1
Spacer0025 007 10 02-XX-007 tonearm make Laser 1
M8 Nut 008 4 ISO 4032 02-XX-008 tonearm buy

03
-
ro
ta
ti
ng

/l
ift
in
g

01
-
sh
af
t

upperBearingHousing1 001 1 03-01-001 housing make Turning 1
upperBearingupperHousing2 002 1 03-01-002 upperHousing make Turning 1
upperBearingSpacer5mm 003 6 03-01-003 upperHousing make Laser 2
upperBearingSpacer1mm 004 16 03-01-004 upperHousing make Laser 2
BellevilleSpring 125mm 005 1 DIN 2093

Row B
03-01-005 upperHousing buy

M8x50 006 3 ISO 4014 03-01-006 lantern buy
M8 Nut 007 6 ISO 4032 03-01-007 lantern buy
M8 Shims 008 6 03-01-008 lantern buy
upperShaft 009 1 03-01-009 shaft make Turning
upperWheel 010 1 03-01-010 shaft make Turning 1
upperBearing 011 2 SKF 6017-

2RS1
03-01-011 shaft buy

upperBearingSpacer025mm 012 3 03-01-012 shaft make Laser 2

X
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Assembly Sub As-
sembly

Part Name Part
Num-
ber

Amount Serial Num-
ber/ISO

Drawing
Number

Assembled to Make /
Buy

Manu-
facturing

Drawing
revision

M8x40 013 3 ISO 4014 03-01-013 lantern buy
Grease Nipple 1/8” 014 2 03-01-014 shaft buy

02
-
la
nt
er
n bottomDisc 001 1 03-02-001 lantern make Laser /

Milling
2

sidePlate 002 2 03-02-002 lantern make Laser 3
topDisk 003 1 03-02-003 lantern make Laser /

Milling
2

M8x30 004 8 ISO 4017 03-02-004 lantern buy
M8 Shims 005 8 03-02-005 lantern buy

04
-
su
pp

or
t

X
X

lowerBottomPlate 001 1 04-XX-001 LowerSupport make Laser 2
lowerSidePlate 002 2 04-XX-002 LowerSupport make Laser /

Milling
2

supportWall 003 8 04-XX-003 LowerSupport make Laser 2
M12x40 004 8 ISO 4017 04-XX-004 frame buy
M12 Shims 005 16 04-XX-005 frame buy
M12 Nut 006 8 ISO 4032 04-XX-006 frame buy
M8x30 007 12 04-XX-007 LowerSupport buy
M12x100 008 6 ISO 4762 04-XX-008 LowerSubAssembly buy
M12 Shims 009 6 04-XX-009 LowerSubAssembly buy
M12 Nut 010 6 ISO 4032 04-XX-010 LowerSubAssembly buy
M8 Shims 011 12 04-XX-011 LowerSupport buy

05
-
Lo

w
er
Su

bA
ss
em

bl
y

X
X

lowerShaft 001 1 05-XX-001 LowerSubAssembly make Turning
lowerWheel 002 1 05-XX-002 LowerSubAssembly buy x
lowerBearing 003 2 SKF 6020-

2RS1
05-XX-003 LowerSubAssembly buy

sleeve 004 2 05-XX-004 LowerSubAssembly make Turning
/ Milling

1

lockRing for shaft 100mm 005 2 DIN 471 05-XX-005 lowerShaft buy
lockRing for sleeve hole
150mm

006 2 DIN 472 05-XX-006 sleeve buy

key 007 2 05-XX-007 sleeve buy
spacerLockRing 3x150mm 008 2 05-XX-008 LowerSubAssembly make Laser 1
spacerLockRing 3x100mm 009 2 05-XX-009 LowerSubAssembly make Laser 1

01
-
lo
w
er
H
ou

si
ng

BearingHousing 001 2 05-01-001 lowerHousing make Turning 2
Lid 002 2 05-01-002 lowerHousing make Turning 1
BellevilleSpring 160mm 003 1 05-01-003 lowerHousing buy
lowerSpacer1mm 004 20 05-01-004 lowerHousing make Laser 1
lowerSpacer5mm 005 20 05-01-005 lowerHousing make Laser 1

X
I
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Assembly Sub As-
sembly

Part Name Part
Num-
ber

Amount Serial Num-
ber/ISO

Drawing
Number

Assembled to Make /
Buy

Manu-
facturing

Drawing
revision

M10x20 006 6 05-01-006 lowerHousing buy
M10 Shims 007 6 05-01-007 lowerHousing buy
lowerSpacer025mm 008 4 05-01-008 lowerHousing make Laser 1
lowerSpacer12mm 009 3 05-01-009 lowerHousing make Laser 1
M10x30 010 3 05-01-010 lowerHousing buy
Grease Nipple 1/8” 011 2 05-01-011 lowerHousing buy
Grease 012 05-01-012 lowerHousing buy

06
-
Fo

rc
eA

rm

X
X

hingeMoving 001 2 06-XX-001 ForceArm make Laser /
Drilling

1

stampBeam 002 2 06-XX-002 ForceArm make Laser /
Drilling

2

stampFoot 003 2 06-XX-003 ForceArm make Laser /
Drilling

1

stampBasePlate 004 1 06-XX-004 ForceArm make Laser 2
frontEnd 005 1 06-XX-005 ForceArm make Laser 2
forceArmFix rear 006 1 06-XX-006 Frame make Laser 2
forceArmFix front 007 1 06-XX-007 Frame make Laser 1
forceArmFix_frontScrew 008 1 06-XX-008 ForceArm make Turning 1
BellevilleSpring 40mm 009 12 06-XX-009 ForceArm buy
bolt 010 3 06-XX-010 ForceArm make Turning 1
pin 011 6 06-XX-011 bolt buy
M8x40 012 8 ISO 4014 06-XX-012 Frame buy
M16x100 013 1 ISO 4017 06-XX-013 ForceArm buy
rearFoot 014 2 06-XX-014 ForceArm make Laser /

Drilling
1

07
-
Fr
am

e

X
X

I-Beam End Plate 001 28 07-XX-001 Frame make Laser 1
I-Beam vertical 002 4 07-XX-002 Frame buy
I-Beam horizontal long 003 4 07-XX-003 Frame buy
I-Beam horizontal short 004 4 07-XX-004 Frame buy
M12x30 005 72 07-XX-005 Frame buy
M12 Nut 006 80 07-XX-006 Frame buy
M12 Shims 007 128 07-XX-007 Frame buy
I-Beam motor long 008 2 07-XX-008 Frame buy
I-Beam motor short 009 2 07-XX-009 Frame buy
M12x35 010 8 07-XX-010 Frame buy

08
-
D
ri
vi
ng

U
ni
t

X
X

Motor 001 1 08-XX-001 DrivingUnit buy
motorBasePlate 002 1 08-XX-002 DrivingUnit make Laser
Elastic Coupling 003 1 08-XX-003 DrivingUnit buy
starDisk 004 5 08-XX-004 DrivingUnit buy

X
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Assembly Sub As-
sembly

Part Name Part
Num-
ber

Amount Serial Num-
ber/ISO

Drawing
Number

Assembled to Make /
Buy

Manu-
facturing

Drawing
revision

outerConnection 005 1 08-XX-006 DrivingUnit make Turning
outerPress 006 1 08-XX-006 DrivingUnit make Turning
M8x20 007 1 ISO 4017 08-XX-007 DrivingUnit buy
Key motorside 008 1 08-XX-008 DrivingUnit buy
Key rigside 009 1 08-XX-009 DrivingUnit buy

X
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Figure B.5: Upper Bottom Plate
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Figure B.6: Glider
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Figure B.7: Small and Large Side Plate
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Figure B.8: Upper Top Plate
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Figure B.9: Spacer Pin
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XLVII



B. Appendix - Construction

AD

BC AD

33

22

44

11

DESIGNED BY

XXX
DATE

XXX

CHECKED BY

Jannik
DATE

22/05/2017

DRAWN BY

Arthur
DATE

22/05/2017

SCALE 1:1 WEIGHT(kg) 0.5 SHEET 1/1

SIZE

A4
DRAWING NUMBER

06-XX-007
REV

1

DRAWING TITLE

Force Arm Fix - Front

TA - Master Thesis
Squeal noise test rig

100

6
6

9 35

2
0

50

3
3

28 +0.2
+0.1

Front view

1
2

Top view

Figure B.39: Force Arm Fix - Front
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Figure B.40: Force Arm Fix - Front; Screw socket for force generation screw.
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Figure B.41: Force Arm Bolt
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